




3.4. Results and discussion

-2.5

-2

-1.5

-1

-0.5

 0

 0  40  80  120  160

C
p

ANGLE

Row # 1

-2.5

-2

-1.5

-1

-0.5

 0

 0  40  80  120  160

C
p

ANGLE

Row # 2

-2.5

-2

-1.5

-1

-0.5

 0

 0  40  80  120  160

C
p

ANGLE

Row # 3

-2.5

-2

-1.5

-1

-0.5

 0

 0  40  80  120  160

C
p

ANGLE

Row # 6

QR
WALE
VMS

experiment

Figure 3.10: Distribution of pressure coefficients around pins (at z=D) for Re =
3000. Experimental data taken from [6].
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WALE SGS model for Re = 3000.
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Figure 3.13: Distribution of pressure coefficients around pins (at z=D) for Re =
10000. [URANS] and [LES] data, taken from [12]. Experimental data taken from [6].
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Figure 3.16: Mean velocity distribution in the horizontal midplane between neigh-
boring pins (line B) for Re = 30000. [URANS] data taken from [12]. [LES] and
[HYBRID] data taken from [13]. Experiment data taken from [7].
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boring pins (line A) for Re = 30000. [URANS] data taken from [12]. [LES] and
[HYBRID] data taken from [13]. Experiment data taken from [7].
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Figure 3.18: Distribution of pressure coefficients around pins (at z=D) for Re =
30000. [URANS] data taken from [12]. Experimental data taken from [6].
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Figure 3.20: Distribution of Nusselt number along the cutline illustrated in a. b)
Re = 3000, c) Re = 10000 and d) Re = 30000. [HYBRID] data taken from [13].
Points represent data taken from the experiment reported by [8].
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Figure 3.21: Distribution of Nusselt number along the cutline illustrated in a. b)
Re = 3000, c) Re = 10000 and d) Re = 30000. [HYBRID] data taken from [13].
Points represent data taken from the experiment reported by [8].
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3.5 Concluding remarks

Large-eddy simulation techniques were used to solve the flow and heat transfer in a
relatively complex geometry (staggered matrix of cylindrical wall-bounded pins). In
order to predict the broad spectrum of scale motions present in pin fin flow config-
urations, this paper aimed to compare three SGS models: QR eddy-viscosity model,
Wall-adapting local eddy viscosity model (WALE) and WALE model within a varia-
tional multiscale framework (VMS-WALE). The three models used for this purpose
were able to reproduce the bulk unsteady nature of the flow caused by vortex shed-
ding downstream the pins. To validate the simulations, the experimental and nu-
merical available data in literature were used.

The assessment included three different Reynolds numbers for study (3000, 10000
and 30000). As far as the authors knowledge is concerned Re = 3000 analysis had not
been published until now. Despite the three models behaved similar between each
other, pressure distribution around pins was in general better predicted by the QR
eddy-viscosity model for the three Reynolds numbers studied on this paper. How-
ever, the velocity field of the channel was in better agreement with experimental
results when WALE SGS model was applied for the simulations.

Thermal field was studied, qualitative and quantitative results were discussed.
Averaged Nusselt number on one endwall was calculated and local distribution of
Nusselt number on the endwall was illustrated. The results showed that the three
SGS models had the ability for predicting fairly well the heat transfer on this kind of
geometries if averaged values are needed. However, in the local study clear discrep-
ancies between simulations and experiment are present, this different behavior was
also found by other authors.

Capabilities of the three distinct LES SGS models (VMS, QR and WALE) were
analyzed and the discrepancies between each other were discussed. Despite the
three models were able to predict sufficiently good the flow characteristics on a wall
bounded pin matrix, considering both hydrodynamic and thermal fields, WALE SGS
model performed better in this kind of configurations.

It is important to emphasize that in the present study relatively coarse meshes
were used and despite this, sufficiently good results were obtained. The realistic
performance of the simulations can be attributed to the conjunction of the present
conservative mathematical formulation and the tested LES SGS models. Because
of this, a good part of the results presented were acceptable for the analysis of this
particular problem, which is of great impact on industrial applications.

Even the industrial application of a pin fin array is very different to the applica-
tions of refrigerator fin and tube heat exchangers, the physics involved on the exter-
nal part of both configurations share many relevant characteristics. Like the wakes
generated behind the tubes, the development of 2 boundary layers at the leading
edge of the fins and walls confining the fluid, the interaction of mixed fluid down-
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stream with three dimensional structures like horseshoe vortices, etc. The acquired
experience by the study of such interesting problems like flow and heat transfer in
a pin fin matrix is very useful to address similar problems with different purposes
like domestic refrigeration. Also, the selection of a SGS model for turbulent cases
is supposed to be consistent for different usages when the flow presents turbulent
or transition to turbulent characteristics. In conclusion, it was important to obtain
clear information and understanding of the physics involved in the flow through
this kind of geometries, specially under stringent conditions (high Re) in order to
face the solution of different possible applications.
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Chapter 4

Numerical Simulation of Heat
Transfer and Fluid Flow
Characteristics on Plain Fin and
Tube Heat Exchangers

Abstract. In this Chapter, three dimensional fluid flow and conjugated heat transfer param-
eters over a flat plain fin and circular tube heat exchanger are numerically studied. The in-
dustrial problem to solve with three dimensional numerical simulations consists on ten rows
of circular tubes in the longitudinal direction of the flow and two columns in the transver-
sal direction with double fin spacing in the normal direction. Non uniform fin spacing is a
geometrical characteristic commonly used for the ’no-frost’ evaporators in the refrigeration
industry. Conjugated convective heat transfer in the flow field and heat conduction in the fins
are considered. When the flow is found to be turbulent, Large Eddy Simulation (LES) meth-
ods are applied to solve the fluid characteristics. The numerical method is compared and
validated against experimental data from Seshimo and Fujii [1] which correlation is applica-
ble for geometries and flow regimes similar to the one that motivated the present research
study.
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4.1 Introduction

One of the most common devices used in HVAC&R (Heating, Ventilating, Air Con-
ditioning, and Refrigeration) are the air cooled heat exchangers. Such equipments
are frequently made of plain fins and a set of tubes (placed in staggered or inline ar-
rangement) which pass perpendicularly through the plate fins. The heat exchanger
can be composed with one or more tube rows and many different fin patterns such
as wavy, plain, slit or louver can be used as heat transfer enhancements.

In compact heat exchangers, the thermal resistance is usually higher on the exter-
nal zone if the fluid moving around the tubes is in gaseous state. It may reach even
more than 80% of the total thermal resistance and therefore, the performance of the
device is strongly related with the optimal design of this region. The total thermal
efficiency of a heat exchanger may be considerably improved when optimizing the
geometrical parameters (tube diameter, fin and tube pitches, staggered or inline ar-
rangements, etc.) and the appropriate selection of different operating characteristics,
such as fluid properties, inlet velocity, turbulence intensity among others.

The refrigeration power intake represents an important part of the total energy
consumption around the world. Even though there are many different possibili-
ties to upgrade the design options of refrigeration evaporators, diverse aspects like
pressure drop and heat transfer performance have to be pondered in the conceptu-
alization process.

Many research groups, have extensively studied the operation of these devices
because of its great impact on industry. Diverse techniques have been used try-
ing to understand better the flow features and the responsible mechanisms for the
heat transfer over heat exchangers. As a result, several experimental and numeri-
cal models have been published in the past decades on this topic. Some interesting
experimental researches are mentioned hereafter for a better understanding of the
problem.

Seshimo and Fujii [1] experimentally studied the air side heat transfer and fric-
tion performance of plate fin and tube heat exchangers (mainly used in the region
of relatively low Reynolds numbers ranging from 70 to 700). Their experimental
results composed by 35 samples were correlated and effective generalized dimen-
sionless correlations of the air side heat transfer and friction factor were obtained.
They concluded that for Re < 400 for plain fins, the behavior of multiple row heat
exchangers was similar to the single row characteristics.

Wang and Chi [2] presented an experimental study of the air side performance of
fin and tube heat exchangers with plain fin configurations. They tested a total of 18
samples and examined the effect of the number of tube rows, fin pitch and tube di-
ameter on the thermal hydraulic characteristics. Furthermore, they deeply analyzed
previously published experimental data. They concluded that for small number of
tube rows and low Reynolds numbers (300 < Re < 3000), the heat transfer perfor-
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mance was inversely related with the fin pitch. On a subsequent publication, Wang
et al. [3] developed a correlation for fin and tube heat exchanger having plain fin
geometry. They used 74 samples of different publications (including their own ex-
periments) to develop a correlation, which had a mean deviation of the heat transfer
of 7.51% and the friction correlation deviated up to 8.31%.

An interesting study focused on the data reduction method to obtain the air-side
performance of fin and tube heat exchangers was presented by Wang et al. [4] in
order to adequately correlate the available information. They recommended a stan-
dard procedure for dry surface heat transfer in finned tube heat exchangers having
water on the tube side. Their major recommendations include the appropriate selec-
tion of the ε−NTU relationship especially for the 1 row configuration. Also, for the
friction factor they propose a correlation which disclaims calculation of the entrance
and exit losses.

Moreover, the scientific community devoted to the topic investigated in the present
Chapter, has used well known numerical tools such as Computational Fluid Dynam-
ics (CFD), in order to simulate and predict the behavior of the flow and the heat
transfer characteristics over heat exchangers. However, the real geometry and oper-
ating conditions of the heat exchangers are very complex, therefore many assump-
tions are usually made in order to develop the many different numerical models.
One of the most common hypothesis made, is the constant solid wall temperature
on the fin surfaces.

Jang et al. [5] studied both numerically and experimentally the fluid flow and
heat transfer over a multi row (1-6 rows) plate fin and tube heat exchanger. They
considered a three dimensional, laminar and incompressible flow for their simula-
tions. The effects of different geometrical parameters such as tube arrangement, tube
row numbers and fin pitch were investigated in detail for the Reynolds number rang-
ing from 60 to 900. They concluded that the staggered array showed a better thermal
performance with higher heat transfer coefficient than the inline arrangement. They
also pointed out that the number of tube rows has a small effect on the average heat
transfer coefficient if the row numbers are greater than 4.

He et al. [6] performed three dimensional simulations for laminar heat transfer
and fluid flow characteristics of plate fin and tube heat exchanger. They examined
the effect of different factors such as Reynolds number (288 ≤ Re ≤ 5000), fin pitch,
tube row number and transversal or longitudinal tube pitch. Their numerical results
were analyzed from the view point of field synergy principle, which according to
their definition, says that the reduction of the intersection angle between velocity and
fluid temperature gradient is the basic mechanism to enhance convective heat trans-
fer. They recommended the use of enhancement techniques to further improve the
convective heat transfer mainly in the rear part of the fin, where synergy between ve-
locity and temperature gradient become worse. The analysis of their results, leads to
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the conclusion that Reynolds and Nusselt numbers are directly proportional, while
Nusselt number and tube row number are inversely related (tube row number less
than 3 is recommended).

However, the fin surface temperature is affected by the convection of the fluid
around it and by the actual conduction of the fin material exchanging heat not only
with the fluid but also with the tubes of the arrangement. By stepping forward in
the objective of simulating the heat exchanger as realistic as possible specially in
the design process, simulations taking into account convection and conduction for
the temperature distributions of the domain are needed, therefore conjugate heat
transfer formulations are required.

Jang et al. [7] presented experimental and numerical results for the fluid flow
and heat transfer over four row circular finned tube heat exchangers with staggered
arrangement. They investigated two types of finned tube configurations under the
dry and wet conditions for different values of inlet frontal velocity ranging from 1
to 6m/s (223 < Re < 1342). In their numerical analysis they assumed laminar flow
and solved both domains, i.e. fluid and solid regions.

Comini et al. [8] analyzed numerically the thermal performance for different
Reynolds numbers from 250 to 1250 of a typical two row fin and tube heat exchanger,
for both inline and staggered arrangements of tubes. In particular, fin performance
was investigated in a broad range of operating conditions, both dry and wet. They
took into account laminar flows and noticed that the convection coefficients and heat
loads on the fins increase with the Reynolds number. Also, they found that fin effi-
ciency decrease with increasing Reynolds number.

Because of the great variety of applications of fin and tube heat exchangers, dif-
ferent inlet velocities are found. In addition, the staggered configuration of the tube
arrangement enhance the mixing of the fluid and under certain conditions, turbu-
lent flow regime is commonly present . Some researchers have taken into account
the turbulence effects by means of Reynolds Average Navier Stokes (RANS) approx-
imations.

Mon and Gross [9] numerically studied the effects of fin spacing on four row an-
nular finned tube bundles in staggered and inline arrangements. They presented
conjugated heat transfer and pressure drop results for various fin spacings for a
range of Reynolds number from 8.6×103 to 4.3×104. They also applied the RNG κ−ε
model to solve turbulence in the fluid region and concluded that when fin spacing is
enlarged, heat transfer coefficient increases while pressure drop is reduced.

Shaeri and Yaghoubi [10] performed a numerical investigation for three dimen-
sional fluid flow and convective heat transfer from an array of solid and perforated
fins that were mounted on a flat plate. They simultaneously solved the conjugated
differential equations for both solid and fluid (gas) domains, presenting results for
Reynolds number in the range of 2 × 104 - 4 × 104. They used the κ − ε model to
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solve turbulence in the fluid. They concluded that perforated fins have remarkable
heat transfer enhancement in addition to the considerable reduction in weight by
comparison with solid fins.

Barbosa et al. [11] performed CFD in order to study tube-fin ’no-frost’ heat ex-
changers with forced convection on the air side and staggered tube configuration.
For validation purposes, Barbosa et al. compared their simulations with experi-
ments from Kays and London [12] for Reynolds ranging from 200 to 800. In their
application study the volumetric flow rate was varied from 34 to 125m3/h. Given
the intricated flow features, they also used for the simulations the κ − ε model on
the fluid domain. They used their simulations to assess the influence of geometric
parameters such as the presence and position of the electrical heater coil relative to
the tubes concluding that it strongly affects the main flow features. They also com-
pared their results of continuous fins with an interrupted fin configuration in which
the fins encompass two consecutive tube rows. Heat transfer was significantly in-
creased with the interrupted fin configuration.

Perćić et al. [13] presented a numerical analysis of turbulent fluid flow and heat
transfer on the air side and water side of plain fin and tube heat exchangers with non
constant physical properties. Besides convection heat transfer on water and air sides,
the heat conduction through pipe walls and fins was also considered in their study.
They presented results for inline and staggered configurations of a three dimensional
steady, turbulent (inlet velocity ranging from 10 to 20m/s), incompressible fluid flow.
The turbulence model used was a standard κ − ε model. For the water side they
imposed constant inlet parameters, while inlet values of the air side were varied.
One of their main conclusion is that the air temperature at the entrance has greater
effect on heat transfer than air velocity at the same boundary.

On the exhaustive study of the state of the art done for the present paper, only a
few turbulent cases were found and, as mentioned above, those cases were solved by
using RANS techniques. The present study uses the subgrid scale (sgs) WALE model
for the turbulent cases (based on previous experience when similar geometries pre-
sented sufficiently good performance using that particular model [14]). Thus, allow-
ing the analysis to capture in detail the complicated three dimensional structures
like horseshoe vortices, and vortex shedding caused by the cylinders, in addition
to the mixing of the flow caused by the staggered array and turbulence generated
upstream. Large Eddy Simulation (LES) techniques have been used in the past
years in order to understand the flow around similar geometries but for different
applications such as pin fin matrices used to improve heat transfer over gas turbine
blades [14–17]. Similar geometries under turbulent flow regime were presented in
Chapter 3.

It is true that there is a large amount of previous publications regarding the study
of fin and tube heat exchangers, however the problem within the industrial ’no-
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frost’ applications, involves a very complex flow with many possible variants for
the design and analysis. The air entering at the inlet zone of the heat exchanger
is usually warm and humid coming from the refrigerator. The high humidity of the
incoming air favors the formation of frosting/ice which is a characteristic that should
be avoided. For that reason, double fin spacing is a good alternative to prevent frost
clogging at the first rows of the evaporator. To the authors knowledge is concerned,
there is few evidence that high performance numerical analysis over a geometry
with double spaced fins has been performed. Shih [?] analyzed double fin spacing
configurations although assuming constant temperature boundary conditions at the
tubes and at the fins.

The transversal fin length is an important parameter for the design of the evap-
orator, hence the refrigerator. Any modification of this parameter implies a direct
alteration of the useful volume of the device, thus changing the benefits offered to
the consumer.

This Chapter focuses on the numerical simulation of conjugate heat transfer and
fluid flow for industrial applications (refrigeration sector). LES methods have been
applied in order to account for possible turbulence effects which are quantified and
discussed. One of the main objectives of the present investigation is to assess the
influence of the above mentioned geometric parameters (H and TP) and its behav-
ior under different flow regimes (Reynolds number) on the thermal and hydraulic
performance of ’no-frost’ type heat exchangers.

4.2 Mathematical and numerical model

In this work, the proposed methodology is based on the numerical simulation of
the characteristic domain of the heat exchanger by means of CFD using the inhouse
TermoFluids software [18]. The problem is a three dimensional, pseudo-transient,
turbulent fluid flow and conjugated heat transfer. Two sub-domains are defined to
solve the conjugated problem, the solid sub-domain containing the solid fins; and
the fluid sub-domain, which refers to the region where air is flowing around fins
and tubes. The buoyancy and radiation effects are neglected in this problem.

4.2.1 Solid sub-domain

The solid sub-domain, is subdivided into multiple control volumes (CV) within
which the energy transport equation is written as follows,

(ρcp)s
∂T

∂t
+ λsDT = 0 (4.1)
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where subscript s holds for solid, ρ is the density, cp the heat capacity, λ the thermal
conductivity, T is the temperature field and the diffusive operator for the tempera-
ture field is given by D = −∇2. M. Fiebig et al. [19] present the equations on their
dimensionless form and report that the temperature distribution of the fin is de-
scribed by the two dimensional heat conduction equation, which implies small Biot
number. Biot number is the ratio of the heat transfer resistances inside of and at the
surface of a body. It is used to determine whether or not the temperatures inside a
body will vary significantly in space (normal direction in this case). By using this
form of the energy equation, one important dimensionless number takes place (Eq.
4.2), it is the fin efficiency parameter.

Fi =
λs

λf

tF
PF

(4.2)

where the subscript f holds for fluid, tF is the fin thickness and PF is the fin spacing.
For Fi → ∞, the fin becomes isothermal and the fin efficiency ηF is unity.

4.2.2 Fluid sub-domain

The fluid sub-domain is divided into multiple CV on which the Navier-Stokes and
energy equations (Eqs. 4.3, 4.4 and 4.5) are written and converted into algebraic
equations using three dimensional unstructured collocated meshes and symmetry
preserving schemes [20] as follows,

Mu = 0 (4.3)
∂u

∂t
+ C (u)u+ νDu+ ρ−1Gp = C (u)u− C (u)u

≈ −MT (4.4)
∂T

∂t
+ C (u)T +

ν

Pr
DT = C (u)T − C (u)T

≈ −MTT (4.5)

where u and p are the velocity and pressure fields, respectively. ν is the kinematic
viscosity and ρ the density. Convective operator in the momentum equation for the
velocity field is given by C (u) = (u · ∇). Gradient and divergence operators are
given by G = ∇ and M = ∇·, respectively. T is the SGS stress tensor, which is
defined as:

T = −2νsgsSij + (T : I)I/3 (4.6)
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where νsgs is the subgrid-scale viscosity, and Sij is the stress tensor defined as Sij =
1
2 [G(u) + G∗(u)], where G∗ is the transpose of the gradient operator. TT term is eval-
uated as in T term, but νsgs is substituted by νsgs/PrT , where PrT is the turbulent
Prandtl number (0.4 in this paper).

As aforementioned, numerical schemes used are conservative, i.e., they preserve
the kinetic energy equation. These conservation properties are held if and only if the
discrete convective operator is skew-symmetric (C (u) = −Cc

∗ (uc)), the negative
conjugate transpose of the discrete gradient operator is exactly equal to the diver-
gence operator (− (ΩcGc)

∗
= Mc), and the diffusive operator Dc is symmetric and

positive-definite (the subscript c holds for the cell-centered discretization, and the
subscript s holds for the staggered faces). These properties ensure both stability and
conservation of the kinetic-energy balance even at high Reynolds numbers and with
coarse grids.

A fractional-step method is applied to solve the momentum Eq. (4.4). The time-
integration method chosen for the convective and diffusive terms is a two-step linear
explicit scheme, while for the pressure gradient term an implicit first-order scheme
is used [21].

The velocity-pressure coupling is solved by means of a classical fractional-step
projection method, up

c = un+1
c +Gp̃c, where p̃c = pn+1

c ∆tn/ρ is the pseudo-pressure,
up
c is the predicted velocity, n+ 1 is the instant where the temporal variables are cal-

culated, and ∆tn is the current time step (∆tn = tn+1 − tn). Taking the divergence
of up

c and applying the incompressibility condition yields a discrete Poisson equa-
tion for p̃c: Lcp̃c = Mcu

p
c . The discrete Laplacian operator Lc is, by construction, a

symmetric positive definite matrix (Lc ≡ MΩ−1M∗).
Finally, the mass-conserving velocity at the faces (Msu

n+1
s = 0) is obtained from

the correction, un+1
s = up

s −Gsp̃c, where Gs represents the discrete gradient operator
at the CV faces. This approximation allows to conserve mass at the faces but it has
several implications. If the conservative term is computed using un+1

s , in practice
an additional term proportional to the third-order derivative of pn+1

c is introduced.
Thus, in many aspects this approach is similar to the popular Rhie and Chow [22]
interpolation method and eliminates checkerboard modes.

However, collocated meshes do not conserve the kinetic energy as shown by
Morinishi et al. [23] for finite-difference schemes and by Felten and Lund [24] for
finite-volume schemes. When the fractional-step method on a collocated arrange-
ment is used, there are two sources of errors in the kinetic energy conservation: i)
due to interpolation schemes and, ii) due to inconsistency in the pressure field in
order to ensure mass conservation. While the first one can be eliminated through the
use of conservative schemes such as those used in the present work, the latter equals
to εke = (p̃c)

∗Mc(Gc − Gs)p̃c. This contribution of the pressure gradient term to the
evolution of the kinetic energy can not be eliminated. Felten and Lund [24] have
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conducted a study to determine its scaling order. They have shown that the spatial
term of the pressure error scales as O(4x2) and the temporal term scales as O(4t),
i.e., pressure errors are of the order of O(4x2 4t). However, it has been proved that
pressure errors do not have a significant impact on the results at grid resolutions and
time-steps used in both LES and Direct Numerical Simulation (DNS) [25–27].

Based on previous experience working with similar geometries [14], authors have
found that WALE SGS model has a good performance for predicting the hydrody-
namic and thermal fields in configurations of wall bounded pin matrix. For this
reason, such closure is used for modeling the small scales of turbulence when the
flow structures do not show clear laminar behavior. A brief description of WALE
model is given hereafter:

Wall-adapting local eddy viscosity model (WALE)

This model proposed by Nicoud and Ducros [28] is based on the square of the ve-
locity gradient tensor. In their formulation the SGS viscosity accounts for the effects
of both the strain and the rotation rates of the smallest resolved turbulent fluctua-
tions. In addition, the proportionality of the eddy viscosity near walls (νsgs ∝ y3) is
recovered without any dynamic procedure.

νsgs = (Cw∆)2
(Vij : Vij)

3
2

(Sij : Sij)
5
2 + (Vij : Vij)

5
4

(4.7)

Vij =
1

2
[G(uc)

2 + G∗(uc)
2]− 1

3
(G(uc)

2I)

In our studies a value of Cw = 0.325 is used according with the procedure recom-
mended by Nicoud and Duros [28].

4.3 Validation of the numerical model

4.3.1 Definition of the validation case

In order to validate the presented conjugated heat transfer framework one indepen-
dent case for which experimental values are available has been chosen as benchmark.
The criteria for choosing the validation problem is based on the coincidence of the
dimensionless Reynolds and Prandtl numbers. Also a good approximation of the
geometry to the real domestic refrigeration application case is desired. Particularly
”sample No. 35” from all the geometries included on the experiments from Seshimo
and Fujii [1] presents a particularly considered large fin pitch, tube diameter and
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equilateral triangular tube arrangement which is usually applied on ’no-frost’ evap-
orators for domestic refrigerators. For such reason, and given the relevance of Se-
shimo’s work on this field contributing reliable correlations these experimental data
is chosen as benchmark for the simulations performed by the authors. As can be
seen from the publication of Wang et al. [3], the chosen correlation for comparison
has very acceptable agreement with the results obtained by some other authors (Fig.
4.1).

Seshimo and Fujii [1] experimentally studied 35 plate fin and tube heat exchang-
ers with systematically changed geometrical parameters. Their study included plain
fins and fins with ring depression around the tubes. The correlations presented by
them are for staggered arrangements composed by one and up to five tube rows. The
specific geometry ”sample No. 35” included by them is formed by 2 rows of cylindri-
cal tubes of 9.52mm of diameter, longitudinal tube pitch of 22.0mm, transversal tube
pitch of 25.4mm, and constant fin pitch of 6.0mm. The range of applicability of their
correlation is 70 < Re < 700 for fins with ring depression and Re < 400 for plain
fins, (geometrical details are schematically shown in Fig. 4.2). Experimental results
correspond to samples made of copper tubes, with fins of 0.12mm thick aluminum
plates joined to the tubes with a mechanical tube expansion which causes a ring de-
pression on the fin around the tubes. However, Seshimo and Fujii present results for
both plain fins and with ring depression. Present simulations assumed plain fins.

Based on previous experience for channel flow simulations, extra computational
domain at the inlet and outlet regions of the fluid domain is added to the real heat
exchanger geometry as shown in Fig. 4.3 in order to avoid numerical uncertainties
and possible divergence on the final results. Nevertheless, for the analysis of the
steady final results only the domain of the heat exchanger is taken into consideration.

Simulations have been performed for Reynolds numbers of 50, 300 and 550 (def-
inition of Re based on inlet velocity and tube diameter). Homogeneous flow is
assumed as the initial condition of all simulations. Boundary conditions are illus-
trated on Fig. 4.4 and are prescribed as follows: uniform velocity and temperature
prescribed at the channel inlet (Tin = TC , where TC holds for cold temperature),
pressure based at the outlet, three dimensional periodic conditions are used for the
boundary planes at the transversal direction, the tubes and fin solid walls have non-
slip conditions for the velocity and constant temperature is imposed at the tube walls
(Tcyl = TH , where TH holds for hot temperature). Finally, the fin wall is thermally
evaluated with two different treatments. First, constant wall temperature is assumed
(Tfin = TH ) and second, at the solid-fluid interface, heat convection to the fin and
heat conduction in the fin are considered, i.e. conjugated heat transfer is evaluated.

The numerical analysis of the present work has been performed in three differ-
ent stages: a) Air thermophysical fluid properties are used to solve the dimensional
Navier Stokes equations with fin wall temperature set constant (Tfin = TH ). b) Ficti-
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Figure 4.1: Comparison of j values between test samples by different authors [3].
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Figure 4.2: Schematic view of the selected sample from experimental data pre-
sented by Seshimo and Fujii [1].

(a)

Figure 4.3: Representation of the used computational domain for all the simula-
tions of the validation cases.
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(a)

Figure 4.4: Boundary conditions and geometry of the verification case.

tious fluid and solid thermophysical properties are imposed always maintaining the
characteristic dimensionless parameters constant, i.e., Re, Pr, λsf and αsf (defined
by Eqs. 4.8 and 4.9) were kept equal to the ones obtained with air and aluminum
physical properties, while new ”imaginary” fluid and solid physical properties are
recalculated and used on the solution of the Navier Stokes equations (with fin wall
temperature set constant, Tfin = TH ). Finally, a third and final stage is proposed
and tested: c) Since the real phenomena occurs with fins exchanging energy with the
fluid and the tube solid walls, Navier Stokes equations with properties of ”imagi-
nary” fluid and solid are coupled to solve the conjugated heat transfer problem at
the shared interface.

λsf =
λs

λf
(4.8)

αsf =
αs

αf
(4.9)

As a result from the three stages analyzed, the authors conclusion is that the third
alternative is recommended for cases with similar thermal characteristics, i.e. similar
applications for refrigeration industry.
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(a)

(b)

Figure 4.5: Mesh used for the discretization of the 3D domains a) Fluid, and b)
Solid fin.

Mesh Information

The mesh for the validation case is designed with the basis of previous experience
gained on the solution of similar complex problems like the ones described on Chap-
ters 2 and 3. The same mesh was used for the simulations regardless the Reynolds
number under analysis because of the low frontal velocity implied. Designing and
building an appropriate mesh requires time and effort, thus if the conditions of the
flow are similar between each other one single mesh can be used. Fig. 4.5 illustrates
the final mesh applied for the discretization of the domains.

Meshes are unstructured and matched at the interface between solid and fluid.
In the regions close to solid walls (fins or tubes) the grid is carefully densified to en-
sure the correct solution of velocity and temperature boundary layers. In the normal
direction (from one fin to the next one), 4CV are placed inside the boundary layer
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thickness (Re = 59.8) while 2CV are found on the same zone for Re = 359.0 and
658.1. Experience from previous numerical simulations for similar geometries indi-
cates that the most critical part for heat exchanger analysis are the tubes because of
the physics involved around them. Hence, a big part of the available computational
resources is used in the discretization of the flow close to the cylinders. For the high-
est Reynolds number, 3 to 4 CV are placed to solve the boundary layer around the
tubes, while for the lower Reynolds case up to 10 CV are counted. The most demand-
ing case is Re = 658.1 and mesh is designed in order to obtain sufficiently accurate
results for it. The mesh for the solid domain directly applies the thin fin hypothesis
neglecting the temperature difference in the normal direction, therefore, only one CV
is placed.

4.3.2 Data Reduction

Results obtained from the numerical simulations are analyzed following the same
criteria as Seshimo and Fujii [1]. The overall heat transfer coefficient K is defined by
Eq. 4.10, where [LMTD] is the logarithmic mean temperature difference on counter
flow. Correction factor F is assumed to be one because the tubes are set with constant
wall temperature in the simulations. A0 represents the total air side heat transfer
surface and Q̇ is the heat transfer rate (Q̇ = ṁcp(Tout − Tin)).

Q̇ = A0 ·K · F · [LMTD] (4.10)

The air side average heat transfer coefficient is defined by Eq. 4.11. Where the
last two terms from the right hand of the equation are neglected since perfect contact
between fin and tubes is assumed and constant wall temperature is imposed at the
tube solid walls (subscript i holds for inside of tubes and subscript c holds for contact
between fins and tubes). AF is the area of the fins, η is the fin efficiency, h is the
average heat transfer coefficient.

1

K
=

(
A0

AT + ηAF

)
· 1
h
+

A0

Aihi
+

A0

Achc
(4.11)

Fin efficiency is obtained by Eq. 4.12 which is based on the assumption of the
annular fins with uniform heat transfer coefficient. Df represents the equivalent
diameter of the fin and its defined by Df = (4/πS1S2)

0.5, Dc is the fin collar diameter
(Dc = D + 2tF , tF being the fin thickness).

η = 1− h · (Df −Dc)2

6λF tF
·
(
Df

Dc

)0.5

(4.12)

The characteristic parameters for the definition of the dimensionless numbers
are not assumed by the means of the velocity at the minimum flow area and tube
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diameter as usual. In the range of low frontal velocity, Seshimo and Fujii found that
consideration of the entrance region is important for processing the characteristics of
heat exchangers with small number of tube rows. Following the same criteria used
for the analysis of experimental results from Seshimo, imaginary mean velocity vm
(Eq. 4.13), i.e. the velocity of imaginary free flow area Am (Eq. 4.14) is used as the
characteristic velocity, and the hydraulic diameter Dem as a characteristic length (Eq.
4.15).

vm =
Afrvfr
Am

(4.13)

Am =
Afr(PF − tF )(S1S2 − πDc2/4)

PFS1S2
(4.14)

Dem =
4AmL2

A0
(4.15)

Am is the total volume of the heat exchanger minus the volume of the tube bank
and divided by fin length L2, thus expressing an imaginary free flow cross sectional
area. Therefore vm is the characteristic velocity assuming a relatively small influence
from the tube bank. With the geometrical characteristic values properly defined,
dimensionless numbers are expressed by Eqs. 4.16, 4.17 and 4.18.

Nu =
hDem
λair

(4.16)

Re =
vmDem
νair

(4.17)

f =
Dem

2L2ρairvm2
·∆P (4.18)

4.3.3 Comparison with experiments

With the results of the 35 samples, Seshimo and Fujii [1] obtained their own corre-
lations for the air side heat transfer and pressure drop characteristics for single and
two row configurations with a ring depression. The correlations are expressed by
Eqs. 4.19 and 4.20 for one row, and for two row configuration Eqs. 4.21 and 4.22 are
suggested.

Nu = 2.1(Re · Pr ·Dem/L2)
0.38 (4.19)

f · L2Dem = 0.43 + 35.1(Re ·Dem/L2)
1.07 (4.20)
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Nu = 2.1(Re · Pr ·Dem/L2)
0.47 (4.21)

f · L2Dem = 0.83 + 24.7(Re ·Dem/L2)
0.89 (4.22)

The range of applicability for those correlations is 70 < Re < 700 (Re defined by
Eq. 4.17). Studying the publication of Seshimo in detail, they found that in the range
of low frontal air velocity, the effect of ring depression on the fins is negligible for the
heat transfer performance. They also found that in the range of Reynolds number
smaller than 400 for plain fins (and 160 with a ring depression) the characteristics
of multiple rows devices agree with the single row correlation. The results obtained
by the present numerical simulations also confirm this observation. The global data
reduction from the present numerical simulation results, with the conjugated stage
of analysis mentioned above are compared with the correlations of Seshimo and Fujii
in Fig. 4.6 (experimental data points are included on the figure). It is important to
point out the good agreement between the results obtained by the author and the
experimental data points corresponding to the same case of plain fins with two rows
of tubes. Good concordance is visible for the numerical results with the one row
correlation. Given this acceptable results, it can be assumed as a good alternative to
solve the Navier Stokes equations rearranging the fluid and solid physical properties
in convenience attempting to save computational costs that can be harnessed at the
extra costs inherent to the domain communications of the conjugated treatment.

The simulations and the experiments cannot reproduce exactly the same case
because simulation assumed perfect contact between fins and tubes, neglecting the
thermal resistance from the contact area. Also in the numerical study the tube is set
at a constant temperature which represents the case of ideal convection between
inside fluid (usually water) and the tube surface. Additionally the experimental
measurements by themselves have inherent uncertainties that in conjunction with
the numerical hypothesis can explain the small discrepancies between both research
methods.

For this cases, the analysis of each row was made and the expected tendency of
higher Nusselt number for the first row was confirmed.

4.3.4 Detailed analysis of CFD simulations

Local profiles of different important result variables were obtained and compared
for three different Reynolds numbers (50, 300 and 550). Dimensionless mean bulk
temperature (T ∗

m = Tm−TC

TH−TC
) is shown in Fig. 4.7. Tm is defined by Eq. 4.23.

Tm =

∫
uTdA∫
udA

(4.23)
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Figure 4.6: Friction factor and heat transfer characteristics compared against exper-
imental available data.
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The proportional relation between inlet velocity and Reynolds number leads to
hotter fluid flow at the lowest Re for steady state results. Thus, higher heat transfer
will occur for larger Reynolds numbers given the increased temperature difference
between the fluid and the solids. Following the same criteria, higher heat transfer
will occur when the fin is assumed to be at a uniform (hot) temperature representing
an infinite heat transfer coefficient.

Dimensionless heat transfer rate defined in Eq. 4.24 evaluated at the fin surfaces
and at the cylinder solid walls are depicted in Fig. 4.8 and 4.9 respectively. The
thermal boundary condition at the cylinders is always set at a constant temperature
(TH ), but for the fins there are two different treatments analyzed in order to compare
the ideal case of a fin with Fi → ∞. As expected, higher heat transfer is accounted
at the fins with the ideal hypothesis. However the real conditions of finite λ needs to
be carefully understood when a good and reliable design is the main purpose.

Q̇∗ =
∂T

∂n

Dem
TH − TC

(4.24)

Comparison between flow regimes, Fig. 4.8 and 4.9 show the local behavior that
justifies the highest Nusselt number at Re = 550 in the global analysis. Fig. 4.8
shows very high heat transfer rate at the entrance of the heat exchanger and at the
impingement of the cylinders. It is very useful and illustrative to compare the local
distribution of diverse heat transfer and flow features for this kind of equipments in
order to visualize the regions where the heat transfer is specially enlarged. The wake
behind the first row of tubes gets thinner at higher Reynolds number and horseshoe
vortex structures are clearly represented in the figure.

The fluid exchanges energy not only with the fins but with the tubes that are set
at uniform hot temperature. Heat transfer rate is significantly more important at the
impingement zone where the cold fluid hits the bank of tubes. The big temperature
difference present between solid tube walls and fluid flow produces elevated heat
transfer rates at this region. This effect is represented in Fig. 4.9. In this figure, the
thermal boundary layer thickness caused by the fins can be deduced qualitatively
at the top and bottom of the tubes. It is definitely much thinner at the highest flow
regime which indicates that by the time the flow hits the first tube row is still under
development and for that reason higher heat transfer is expected at this point. Such
detailed information can only be obtained by this top order simulation techniques,
thus the relevance of the motivation for the present research work.

Given the relevance of the information obtained for heat transfer global analy-
sis on the final application, comparison of the total dimensionless heat transfer rate
(with all the solids of the domain, fins and tubes) and the heat transfer caused only
by the fins is quantified on Table 4.1. Global fin efficiency which is considered to be a
very relevant parameter for design purposes is also quantified. For the geometry un-
der analysis, the ratio of fin area against the total heat transfer area AF /A0 = 0.843,
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(a) (b)

(c) (d)

(e) (f)

Figure 4.7: Dimensionless mean bulk temperature profiles for top: Re = 50, center:
Re = 300 and bottom: Re = 550. Left: conjugated treatment of the heat transfer
problem at the interface between solid and fluid. Right: isothermal fin is assumed as
boundary condition.
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(a) (b)

(c) (d)

(e) (f)

Figure 4.8: Dimensionless heat transfer rate profiles for top: Re = 50, center: Re =
300 and bottom: Re = 550 at the fins surfaces. Left: conjugated treatment of the heat
transfer problem. Right: isothermal fin hypothesis is assumed.
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(a)

(b)

(c)

Figure 4.9: Dimensionless heat transfer rate profiles for a) Re = 50, b) Re = 300
and c) Re = 550 at the tubes.
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Table 4.1: Fin efficiency and dimensionless heat transfer rate due to all solids and

due only to the fins (Q∗
ratio =

Q∗
fins

Q∗
solids

).

Re Q∗
solids Q∗

fins Q∗
ratio ηfin

Conjugated 59.83 4858.97 4201.45 0.865 0.918
359.00 14907.55 11660.35 0.782 0.880
658.17 20350.17 15798.67 0.776 0.815

thus the heat transfer rate due to the fins is expected to be significantly bigger than
the one quantified by the tubes surfaces.

It is interesting to analyze the local distribution of the Nusselt number at the plain
fin surface in order to understand the physics of the convective heat transfer process
under diverse flow regimes. Fig. 4.10 is intended to illustrate such details, namely:
a) development of the boundary region at the inlet zone with the highest Nusselt
number of the domain, b) tube vortex recirculation behind the tubes with the lowest
Nu, and c) the aforementioned horseshoe vortex at the stagnation of each tube row
increasing its intensity in proportion with Re.

The local heat transfer coefficient hloc is obtained from the energy balance at
each CV of the interface between fluid and solid where the boundary conditions
are coupled for both domains. Therefore, convective heat transfer from the fluid is
equivalent to the conduction heat transfer to the solid (q̇cond = q̇conv), knowing that
q̇cond = −λ∂T

∂n and q̇conv = hloc(Tm −Tw) (Tm is the local bulk temperature and Tw is
the wall temperature) it is possible to calculate hloc and Nusselt number calculation
is straightforward (Nu = hD/λ).

In Figs. 4.8, 4.9 and 4.10 when Reynolds number is equal to 300 and 550, higher
heat transfer at the stagnation region of the second row of tubes than the one mea-
sured on the first row. This effect is due to the horseshoe vortex structures present
at this point of the heat exchanger. Similar observations have been made in previous
publications at fluid regimes of almost the same range as the present work [5, 29–31].

At the center midplane between two fins, the resulting dimensionless velocity
and pressure profiles of the fluid flow are shown in Fig. 4.11. Noticeable acceleration
of the flow is observed in the minimum cross sectional area between adjacent tubes
while behind them recirculation can be seen from the velocity profiles. On the other
hand, pressure loss is evident in the longitudinal direction of the heat exchanger and
highest pressure values (and in consequence local pressure coefficient) is located at
the stagnation point of the tubes, more evident at the first row and clearly visible at
the second row for Re = 300 and 550.

As aforementioned the fluid domain consists on a larger geometry than the actual
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(a)

(b)

(c)

Figure 4.10: Local Nusselt number for a) Re = 50, b) Re = 300 and c) Re = 550 at
fins surfaces.
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Figure 4.11: Local left: velocity and right: pressure profiles for top: Re = 50,
middle: Re = 300 and bottom: Re = 550 at the midplane of the fluid domain.
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longitudinal length of the heat exchanger to deal properly with the numerical issues
explained above. Fig. 4.12 shows the temperature profile at the midplane (z = PF /2)
and at the inlet and outlet cross sections for the entire fluid computational domain.

For the conjugated heat transfer problem, the energy equation was solved at the
solid domain of the fins and the corresponding dimensionless temperature profiles
are illustrated in Fig. 4.13. In consequence with the heat transfer results previ-
ously discussed, the fin temperature distribution is less uniform and colder as the
Reynolds number is increased, because of their corresponding higher cooling effect.

As aforementioned, one of the main strengths of such detailed analysis is the
great amount of local and global information that can be obtained from each sim-
ulation. The velocity and temperature boundary layers formed by the solid fins at
the entrance of the heat exchanger have different developments at each Reynolds
number. Fig. 4.14 depicts this information at the plane located at the center of the
domain in the spanwise direction (y axis), midplane between fins is also included on
the figure. Both velocity and thermal boundary layers thickness are smaller when
Re is increased, which is the typical behavior for a channel flow. On the other hand,
the effect of the acceleration of the fluid caused by the presence of the tubes is signif-
icantly more perceptible at the lower Reynolds number.

Three dimensional iso-surfaces of temperature contours are plotted on Fig. 4.15
and colored by the magnitude of the velocity vector pattern. From this figure, it can
be explained in a good manner the behavior of the flow and specially heat transfer
between fluid and solids. The horseshoe structure observed on the local distribution
of Nusselt number particularly for the two higher Reynolds numbers (Fig. 4.10) is
the reflection of the 3D temperature distribution at the impingement region of the
cylinders. It can be seen that the flow hits the rare of the tubes and gets redirected to
the fins, this causes the increase on heat transfer at that point of the domain. Also, it
can be deduced the thermal drag effect caused by the wake formed behind the tubes,
more clearly noticed after the first row.

Finally, fluid-thermal observations are taken from Fig. 4.16 where a combination
of velocity, temperature and heat transfer rate is illustrated for half of the computa-
tional domain. The fluid temperature profile is illustrated at the x-z plane positioned
at the center of the tube to show the thermal boundary layer at the fins and the tem-
perature distribution near the tubes. The wake behind the second row of tubes has
diverse behavior at each Reynolds, causing important differences in the tempera-
ture distribution (e.g., much colder fluid for the highest Reynolds number). Fluid
streamwise velocity profile is depicted at the x-y plane located at the centerline be-
tween fins to visualize the flow pattern distribution. The presence of the tubes affects
the acceleration of the flow depending on the Reynolds number. For the slower case
with Re = 50 the flow is more affected by this effect, visible even at the first row
of tubes. The solid fin domain is included on the figures plotting their temperature
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(a)

(b)

Figure 4.12: Dimensionless temperature profile for the extreme cases: a) Re = 50,
and c) Re = 550 at the entire fluid domain.
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(a)

(b)

(c)

Figure 4.13: Dimensionless temperature profile for a) Re = 50, b) Re = 300 and c)
Re = 550 at the solid fin domain.

164



4.3. Validation of the numerical model

(a) (b)

(c) (d)

(e) (f)

Figure 4.14: Velocity (right) and temperature (left) boundary layer development
for top: Re = 50, center: Re = 300 and bottom: Re = 550 at the spanwise midplane
of the fluid domain.
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(a)

(b)

(c)

Figure 4.15: 3D temperature iso-surfaces colored with the velocity pattern for a)
Re = 50, b) Re = 300 and c) Re = 550.
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distribution which is less uniform as Reynolds number augments due to the three
dimensionality of the related flow. Then, the dimensionless heat rate is quantified
at the tube surfaces. The first important fact to comment is that regardless the flow
regime, the useful surface for heat exchange by the tubes is the impingement region
because the back of the tube is affected by the trapped flow behind them with almost
no heat transfer at all. Nevertheless, the higher the Reynolds number, the highest the
heat transfer rate caused by the tubes of the heat exchanger.

4.4 Analysis of ’no-frost’ evaporators

Several different geometries are usually employed for ’no-frost’ evaporators. In the
present research, the characteristic geometry of the baseline case proposed by one
industrial partner is composed of 10 rows by 2 columns of circular tubes positioned
in staggered arrangement. Across the tube bundle, fins of two different sizes are
placed alternating in between. While one fin covers the entire domain of 10 rows, the
next fin covers only for the last 8 rows along the flow direction. This fin distribution
is continued until the evaporator is fully covered aiming at avoiding frost formation
at the entrance of the channels. The fin pitch is PF1 for the first two rows and PF2 =
PF1/2 for the last eight rows. However, the present characteristic fluid domain is
formed only by one of these channels conformed between two large fins because the
thermo hydraulic problem is expected to behave in the same way at every sub-duct
if the tube temperature is assumed to be constant. A schematic view of the proposed
baseline geometry is shown in Fig. 4.17. The diameter of the tubes is denoted as D
and the transversal and longitudinal tube pitches are represented with S1 and S2,
respectively.

Because one of the main objectives of the present paper is to study the influence
of different transversal fin lengths (L1 = H on Fig. 4.17), this parameter and the
corresponding transversal tube pitch (S1) are modified for the three alternatives re-
ferred in Table 4.2. The other geometrical parameters are kept constant for all the
cases, i.e., D = 8.0mm, PF1 = 10.0mm, PF2 = 5.0mm, the longitudinal fin length
of the larger fin is Wlong = 190.5mm, the longitudinal fin length of the shorter fin is
Wshort = 151.5mm, the longitudinal tube pitch is S2 = 18.75mm, the fin thickness is
tF = 0.15mm.

The tube cylinders are considered to be at a constant wall temperature (Tcyl =
TC) while the temperature profile is calculated for all the sub-domains, the solid
sub-domain (meaning the fins) and the fluid sub-domain for the region confined
by the fins and tubes (meaning the air region). Reynolds number is based on the
tube diameter and the inlet velocity (Re = VinD

ν ). Prandtl number is defined as
Pr =

µcp
λ . The entering working fluid flow is supposed to be at a uniform constant

temperature (Tin = TH ). As mentioned earlier, the temperature distribution of the
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(a)

(b)

(c)

Figure 4.16: Quantification of velocity, temperature and heat transfer rate along the
heat exchanger. a) Re = 50, b) Re = 300 and c) Re = 550.
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(a)

(b)

Figure 4.17: Schematic view of the baseline case used for the numerical simula-
tions.

Table 4.2: Geometrical parameters of the studied computational domains.

Case L1 S1

(mm) (mm)
H40 40 17.64
H50 50 22.05
H60 60 26.46
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Table 4.3: Inlet volumetric flow rates (measured in m3/h) for the simulations and
corresponding Reynolds number for each geometric case.

V̇ H40 H50 H60
0.443 215.85 172.68 143.90
0.886 431.71 345.37 287.80
1.773 863.42 690.74 575.61

fins is simulated.
Regarding to the flow characteristics from previous fluid dynamic analysis of

fan-system interaction, it is assumed that the volumetric flow rate is the same for the
three geometries, while three levels of flow are considered in this problem. In table
4.3 the different levels of inlet volumetric flow rates are presented. The equivalent
Reynolds numbers corresponding to each case are specified also on the table.

4.4.1 Mesh Assessment

Body fitted strategy is used to generate the three dimensional meshes to solve the
present problem. In consequence, all meshes are built with prismatic elements. A
proper control of grid refinement is carefully applied around the solid walls (fins
and cylinders). Three levels of mesh density are used for the baseline case H50 (see
Fig. 4.18) in order to determine an appropriate sizing of the CV in the meshes used
for all the other analyzed geometries.

First mesh density, consists of 1.3× 106 CV in the fluid sub-domain and 5.6× 104

CV in the solid sub-domain (3.1 × 104 at the long fin and 2.5 × 104 at the short fin).
This mesh is referred as Small mesh. The second level of grid refinement (Medium
mesh) has 2.8 × 106 CV in the fluid sub-domain and a total of 1.11 × 105 CV in the
solid sub-domain, divided in 6.2 × 104 and 4.9 × 104 CV for the long and short fins
respectively. Finally, the Large mesh consists on 4.2×106 CV for the fluid and 1.7×105

at the solids (with 9.5 × 104 and 7.5 × 104 CV for long and short fins respectively).
Local results for grid independence analysis are plotted over lines A, and B which
are schematically represented in Fig. 4.19.

Fig. 4.20 illustrate the local values of velocity, temperature and pressure coeffi-
cient (cp) profiles for case H50 at the highest volumetric flow rate which is the most
demanding case in terms of computational power due to the thinner boundary lay-
ers. Pressure coefficient is defined as cp = [Pθ − P0]/(ρV

2
in/2), where P0 is the pres-

sure at the stagnation point in the cylinder, and Pθ is the pressure of the flow at the
θ circumferential angle around the pin (with θ ranging from 0 to 180 deg.).
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Figure 4.18: Mesh resolution of a)coarse (small) and b)fine (large) meshes.

Figure 4.19: Schematic view of the lines where results are ploted.
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Figure 4.20: V̇3 = 1.773m3/h, top: Horizontal velocity at line A a) third row, b)
eighth row. Bottom: c) Pressure coefficient at line B (first row), d) Temperature at
line A (eighth row).
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Table 4.4: Maximum y+ values for the cells close to solid walls for the baseline case
H50 using three levels of grid refinement.

Mesh Long Fin Short Fin Cylinders
Small 2.78 6.60 5.74
Medium 1.90 5.08 4.29
Large 1.72 4.75 4.03

In general, the results displayed show short differences between Medium and
Large meshes. Despite the sizes of the present meshes are considered to be coarse
for what is expected on LES methods, the grid independence is ensured enough for
the aim of this Chapter. Medium mesh parameters were chosen as the most ade-
quate ones for the mesh design on every other geometries because the differences
in the local performance between Medium and Large meshes were not as relevant as
the difference in the computational costs (which is significantly bigger for the Large
mesh).

The wall y+ is a non dimensional distance, only technically applicable to parts of
the flow that are close to the wall.

y+ = (uτy)/ν (4.25)

The objective of using this parameter is to ensure that the used mesh is appro-
priately solving the boundary layer of the flow. The maximum values of y+ for the
present research are pointed out on Table 4.4 for the baseline case H50 when the vol-
umetric flow rate is the highest (V̇ = 1.773m3/h), which shows the most turbulent
behavior.

On the past, the authors have performed numerical simulations using LES tech-
niques for similar geometries with higher characteristic velocities (Reynolds num-
ber) obtaining reasonable good performance of the numerical method with similar
maximum y+ values [14]. Based on previous experience, these meshes can be as-
sumed to have enough quality to use the same closure.

4.4.2 Results and discussion

The simulations are advanced in time until stationary flow conditions are achieved if
the flow is laminar, and statistical stationary flow conditions if the flow is considered
to be turbulent or in the transition regime. In the last case, 1000 dimensionless time
units (TU∗) are simulated (TU∗ = tVin/D), and only the last 700 are taken into
account for the time averaged results.
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(a) (b)

(c) (d)

Figure 4.21: Instantaneous view of left: dimensionless velocity and right: temper-
ature profiles for top: V̇2 = 0.886m3/h and bottom: V̇3 = 1.773m3/h.

Instantaneous flow. Fluid domain

After a first preliminary simulation for all the cases cases studied in the present paper
(H = 40,50,60 mm for V̇ = 0.443. And specifically for the case H40 different volu-
metric flow rates are analyzed and compared V̇ = 0.443,0.886,1.773 m3/h). Careful
analysis of the flow features has been made by the authors and for the highest volu-
metric flow rate, presence of turbulence is found. For this cases, it is worth to include
LES techniques into the governing equations in order to adequately solve all the
scales of turbulence by modeling the smaller ones with the WALE model (explained
in Sec.4.2.2).

In the case H40, WALE model is used for the two highest volumetric flow rates
V̇2 = 0.886 m3/h and V̇3 = 1.773 m3/h. V̇2 regime renders some regions under lami-
nar regime and some other zones under turbulent or transition conditions, therefore
LES techniques are included to model the turbulence smaller scales of the flow. Fig.
?? shows instantaneous snapshots of the dimensionless velocity and temperature
profile for the two higher V̇ . As can be seen from the figure, V̇2 is laminar at the
entrance of the channel and it remains this way until approximately the fifth row
where transition to turbulence occurs. For this reason this case is included for the
proposed turbulent treatment.

Attempting to quantify the turbulence intensity of the transition or turbulent
cases, the Euclidian norm of the Reynolds stress tensor is calculated and it is con-
sidered to be a good approximation of the turbulence level present inside the simu-
lated domain. Fig. 4.22 illustrates the turbulence intensity at the midplane located at
z = PF2/2 for the cases with turbulent flow regime.
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(a)

(b)

Figure 4.22: Instantaneous view of the turbulence intensity for the case H40 a)
V̇1 = 0.886m3/h, b) V̇1 = 1.773m3/h.

The most turbulent regions are, as expected, those coinciding with the zones
where the flow is separating from the tube wake. Thus, the staggered array of the
tubes placement is important in order to increase the mixing of the flow over the heat
exchanger.

Average flow. Fluid Domain

Fig. 4.23 illustrates the stationary dimensionless longitudinal velocity ( V
Vin

) pro-
files at the midplane located at z = PF2/2 for the minimum volumetric flow rate
(V̇1 = 0.443 m3/h) with the three geometrical configurations. Also the dimension-
less temperature ( T−TC

TH−TC
) profiles are displayed in Fig. 4.24 for the same flow regime.

The flow is clearly accelerated at the minimum flow area between adjacent tubes, and
the staggered arrangement force the flow to have oscillations aiming at the increase
of heat transfer capacity.

Increasing the transversal fin length L1 while maintaining the volumetric flux
constant, implies an inversely proportional relation between H and inlet velocity.
The dimensionless ratio of velocity profile at the midplane normalized with the cor-
responding inlet velocity keeps the same tendency of decreasing if H is enlarged.
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(a)

(b)

(c)

Figure 4.23: Dimensionless airflow velocity contour at z = PF2/2 for different
transversal fin lengths. Volumetric flow rate is 0.443m3/h. a)H40; b)H50 and c)H60.
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(a)

(b)

(c)

Figure 4.24: Dimensionless airflow temperature contour at z = PF2/2 for different
transversal fin lengths. Volumetric flow rate is 0.443m3/h. a)H40; b)H50 and c)H60.
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If the geometry is kept constant and the parameter under study is the volumet-
ric flow rate, the results are represented in Fig. 4.25 for the dimensionless velocity
profile and Fig. 4.26 for the dimensionless temperature distribution, both at the mid-
plane between large and short fins located in z = PF2/2. The effect of the staggered
arrangement of the tubes is more relevant at the lower V̇ because the flow is signif-
icantly more accelerated than for the other inlet velocities. This is because when the
flow has an already fast velocity at the inlet, the acceleration is not as perceptible as
for the lower cases. Hence, the fluid is more cooled by the tubes at this low flow
rate. In the end, the heat transfer between fluid and solid is higher when the temper-
ature difference between domains is larger. In this sense, higher heat transfer can be
deduced at higher volumetric flow rates (as will be quantified later).

Solid domain

Fig. 4.27 represent the dimensionless temperature profile of the larger fin for the
three transversal fin length (L1) at the lower volumetric flow rate (V̇1 = 0.443m3/h).
This figure presents very similar temperature distribution between geometries. The
superior left corner (flow is from left to right) is more affected by the hotter fluid in
the entrance region because the influence from the closest cold tube is not enough to
cool the surface fin. In the rest of the fin downstream the temperature distribution
is almost uniform because of the high thermal conductivity of the fin and in general
the parameter Fi.

The influence of increasing the volumetric flow rate on the temperature distri-
bution of the solid fin is depicted in Fig. 4.28. On the contrary from variation of
transversal fin length, when the solid temperature distribution is very similar from
one case to the other. The effect of variation of the inlet volumetric flow rate on the
same geometry (H40) is quite important. The temperature distribution of the solid
fin is far from constant at the higher V̇ when for the lower flow regime, after the
fourth row the temperature profile has minor changes.

Conjugated problem (fluid and solid subdomains)

The dimensionless heat transfer defined by Eq. 4.24 is illustrated in Fig. 4.29, the
aforementioned horseshoe structures indicating the three-dimensionality of the com-
plex problem are clearly visible at the fin and cylinder surfaces. A significant part of
the total amount of energy exchanged is due to the first four rows of the device, this
is an observation that many other authors have published ( [5–7, 11]). Actually the
third row would seem to have less relevance on the total amount of heat exchanged
if it was not for the extra fin placed in the center. Because of this change in the ge-
ometry (double fin spacing), the third and fourth rows of tubes increase the energy
exchanged with the fluid.
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(a)

(b)

(c)

Figure 4.25: Dimensionless airflow velocity contour at z = PF2/2 for the geometric
case H40 a) V̇ = 0.443m3/h, b) V̇ = 0.886m3/h and c) V̇ = 1.773m3/h.
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(a)

(b)

(c)

Figure 4.26: Dimensionless airflow temperature contour at z = PF2/2 for the
geometric case H40 at different volumetric flow rates a) V̇ = 0.443m3/h, b) V̇ =
0.886m3/h and c) V̇ = 1.773m3/h.
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(a)

(b)

(c)

Figure 4.27: Distribution of the dimensionless temperature profile of the larger
solid fin for different transversal fin lengths and different transversal tube pitches.
Volumetric flux is 0.443 m3/h. a) H40, b) H50, c) H60.
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(a)

(b)

(c)

Figure 4.28: Distribution of the dimensionless temperature profile of the larger
solid fin for the geometric case of H40 at different volumetric flow rates a) V̇ =
0.443m3/h, b) V̇ = 0.886m3/h and c) V̇ = 1.773m3/h.
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(a)

(b)

(c)

Figure 4.29: Dimensionless heat transfer rate for the case H40 a) V̇ = 0.443m3/h,
b) V̇ = 0.886m3/h and c) V̇ = 1.773m3/h.
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As can be see from Fig. 4.29, heat transfer rate is not uniform along the geometry.
It is expected that the first rows are responsible for most of the heat exchanged due
to the development effect and the direct impingement to the tubes. Moreover, heat
transfer from the air is quantified row by row and it is divided by a reference heat
(Qref ). Such Qref is reference heat exchanged defined by Eq. ??.

Qref =
λfluid(TH − TC)A0

D0
(4.26)

where A0 is the area related to H40 case, and D0 is the diameter of the tube.
Therefore Fig. 4.30 depicts the distribution of the relative heat transfer rate due

to the fins and to the tubes at every row of the domain.
As mentioned earlier, the first 4 to 5 rows of tubes are generating most of the heat

exchange of the entire domain (see Fig. 4.30b) and the expected decreasing value
downstream is observed. On the other hand, Fig. 4.30a, shows noticeable increase of
heat transfer rate at the third row due to the addition of a shorter fin in the normal
direction after the second row of tubes. The increase of effective heat transfer fin area
and the forced generation of a new boundary layer over the shorter fin significantly
increases the heat exchanged due to the fins.
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Figure 4.30: Dimensionless heat transfer rate quantified row by row for the five
different cases studied. a) at the fins, b) at the tubes.
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4.5 Concluding remarks

The present Chapter displayed the results of CFD study on the heat transfer and hy-
drodynamic characteristics of the flow over plate fin and tube heat exchangers. The
modeling approach was verified against available experimental data ( [1]). Several
tests were carried out in order to evaluate the proper functioning of the methodol-
ogy for conjugated heat transfer problems. Referring to the validation problem, suf-
ficiently good agreement against experiments was accomplished (for the objective of
simulating industrial applications) and further detailed fluid and solid features were
discussed.

Some relevant conclusions can be made from the validation case study, namely:

• Some thermophysical properties of the working fluid can force the simulation
to higher costs and time consumption. Therefore, it is recommended to pre-
serve the characteristic dimensionless parameters of the problem of interest
and recalculate the physical properties for convenience.

• Simulations are intended to behave as realistic as possible, thus conjugated
heat transfer should be solved at the fluid-solid interfaces where heat is ex-
changed as far as the resources permit. Fin surface temperature profiles were
illustrated and it was clear that the temperature is not constant specially for
higher Reynolds numbers.

• Nevertheless given the high conductance of the fin material the same problem
was also studied for constant temperature as boundary condition of the fin
surfaces.

• As has been reported on the literature, the first row of tubes has higher Nusselt
number than the second row. Which is believed to be due to the influence of
the flow development.

For the industrial problem that motivated this investigation, the visualized re-
sults of the flow revealed interesting aspects of the local fluid flow features over this
kind of heat exchangers. As far as the authors are aware, this is the first research in-
cluding results to quantify the turbulence intensity. It was clear that the turbulence
was higher for smaller transversal fin length. This output has academic interest in
order to quantify turbulence and find the location of the higher values, however in
practice there is another interest which relates turbulence with noise and for domes-
tic refrigeration it is an aspect to keep in mind.

Detailed analysis and local information of the intricated physics of the flow fea-
tures was obtained by the present work. The methodology in conjunction with the
mathematical models were able to identify the most critical or important regions of
the plate fin and tube heat exchanger. The recirculation regions behind the tubes, the
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vortex wake generated by them and the consequent horseshoe structures created by
the heat transfer between fluid and solid were presented and exhaustively studied.
Furthermore, it was found that the device had different flow regimes along itself and
LES methodology was applied in order to model the small scales of turbulence on
the regions were it was required.

This level of detail on the analysis of flow features can only be achieved by top
order numerical simulations like the ones here presented. Experimental methods
and simple numerical models can answer some direct questions (total heat transfer,
pressure drop, device performance). But in order to have a full understanding of
the problem and its complexity, numerical simulations allow the user to venture
in the physics of the problem. The implemented tools needed for the simulations
and the post processing of the obtained results open the gate for further simulations
according to the industrial requirements. The local information and conclusions that
cannot be deduced from experimental analysis or even harder to explain with more
simple modeling tools will be available with the analysis strategy proposed in the
present work.

With the information obtained by using the implemented tools, new numerical
correlations can be obtained in order to broaden the range of design with differ-
ent geometries. Generating local correlations for heat transfer coefficients, pressure
drop, with many possible modifications to the existing designs.
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Chapter 5

Conclusions and further work

A general approach for the high-end numerical simulation of heat transfer and
turbulent flow features in heat exchanger devices used on the refrigeration indus-
try has been presented. Large-eddy simulation techniques were used to predict the
turbulent flow and conjugated heat transfer characteristics present on compact heat
exchangers for different applications like pin fin matrix for gas turbine blade cooling
(Chapter 3) and ’no-frost’ fin and tube domestic evaporators (Chapter 4).

This thesis has proposed a methodology for the CFD simulation procedure when
treating with complex flows that are usually found in industrial challenges for rating,
design or optimization purposes. The success of a high level numerical simulation
depends on the adequate discretization of the geometrical domain (mesh genera-
tion), proper definition of the boundary and initial conditions, good selection and
implementation of the general formulation (and SGS models for the turbulent cases
under LES enclosure) and of course, efficient post processing tools. All those aspects
have been analyzed and discussed in detail within the contents of this thesis.

In Chapter 2, it has been clarified that due to the complicated geometry of fin
and tube heat exchangers, the recommended type of mesh for its discretization is
the structured body fitted mesh. It has shown to better adjust specially to the curved
surfaces and allow a smooth grow of the CV sizes at the same time. Sufficiently good
results compared to the available literature data, have been found when using this
kind of mesh in the present thesis. However if good mesh for the prismatic bound-
ary layer is built, unstructured meshes can present good results at describing the
flow features near curved surfaces while the rest of the mesh can be coarsened as
needed and fit for more complex geometries as explained on the Chapter contents.
Moreover, for the conjugated heat transfer problem it has been proved that using
dimensionless parameters at the convenience of the user, physical properties for the
governing equations should be readjusted in order to increase the time step for the
explicit model implemented. By increasing the required time step, the global time
of the simulation had been significantly reduced making a complex turbulent simu-
lation affordable for heat exchanger applications. Also, treating the equations with
such ’fictitious’ physical properties, let the user to adjust the numerical behavior of
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the simulation leading to possible faster convergence.

Inasmuch as turbulence plays an important role on engineering flows, Chapter 3
has presented the detailed analysis of the performance of different SGS models used
on a compound geometry (pin-fin matrix) similar to a heat exchanger configuration
but mostly applied for gas turbine airfoil cooling purposes. It can be said that despite
the coarse meshes used for LES expectations, the three models namely WALE, QR
and VMS were capable to reproduce the bulk unsteady nature of the flow caused by
vortex shedding downstream the pins. The simulation results were validated using
experimental and numerical data found on the scientific literature and good agree-
ment was found for the averaged values even when coarser meshes were being used.
For the hydrodynamic features, WALE SGS model seemed to have a slightly better
performance. Thermal field was carefully studied and quantitative and qualitative
results were presented. The results showed that for the average Nusselt number
at the endwalls, the three models were able to adequately predict the heat transfer,
however when the same parameter was depicted locally the limitations of LES treat-
ment using such coarse meshes were revealed. These results were published on the
International Journal of Numerical Heat Transfer: Part B.

Finally, Chapter 4 was intended to include on the study different flow regimes,
because on refrigeration problems laminar, turbulent and transition to turbulent flow
can be distinguished even on one single device. The chapter displayed the results
of a detailed CFD study on the heat transfer and hydrodynamic characteristics of
the flow over plate fin and tube heat exchangers. Interesting local results have been
depicted and shed some light on the behavior of the flow and its relation with the
performance of this kind of devices. Local distributions of mean bulk temperature,
heat transfer rate and Nusselt number were depicted which is believed to be a very
important contribution to the available tools on our research group allowing the in-
dustrial problem analysis to take one step forward and give accurate point by point
data of the flow physics that can be used for design and optimization purposes.
As far as the author is aware, this is the first research including results to quan-
tify the turbulence intensity for ’no-frost’ evaporators. This Chapter allowed the
author also to compare results between isothermal and conjugated thermal bound-
ary condition at the fluid-solid interfaces (fins of the heat exchanger). Even for high
conductance materials on the solid domain, the temperature distribution for the con-
jugated heat transfer problem is not uniform at all (at least for low Reynolds number
applications). From the complete qualitative and quantitative analysis represented
in this Chapter, interesting understanding of the flow characteristics was acquired.
The variation in space of the convective heat transfer and mean bulk temperature of
the fluid was illustrated and discussed. This information led to the conclusion that
depending on the requirements of the problem it might be important to take into
consideration the local distribution of such parameters as a complement to the cal-
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culated mean values. The analysis of the obtained results allowed the author to show
important flow structures like horseshoe vortices behind the tubes and developing
regions at the leading edge of the fins.

Transversal fin length was chosen for the parametric study while the other geo-
metric values were kept constant. The volumetric flow rate was set to be in the range
of 0.25 m/s < V̇ < 1.0 m/s and results were presented for the different proposed
configurations. It is believed that the results displayed on the present work would
help the ’no-frost’ refrigeration sector not only to select a better design option, but
to actually understand the physics of the convoluted flow inside the evaporator de-
vice. This level of local accuracy and detailed information about the fluid-dynamic
and thermal behavior can only be achieved by using this high-end simulation strate-
gies.

Further Work

As a future work, the presence of dry and wet conditions on the heat and mass
exchange should be taken into account, and the tools developed for the present thesis
may be combined with new techniques to solve this complex problem. Once the
developed tools have been validated, new correlations should be obtained for heat
and mass transfer coefficients and pressure drop measurements. These new data
will provide the research group interesting enhanced design tools for academic and
industrial interests.

Moreover, different enhanced geometries can be studied with the available and
in continuous update tools developed by the CTTC researchers, and new reliable
information can be obtained in accordance to the necessities of the group and the
industrial partners. Such local and detailed correlations will supply the low order
numerical models with data in order to obtain faster and reliable results for a wide
range of applications. A list of some of the possible configurations for heat exchang-
ers suitable for the numerical tools developed by the present work could contain
among others: i) wavy fins, ii) louvered fins, iii) annular fins, iv) interrupted fins, v)
fins with vortex generators, vi) squared tubes, vi) oval tubes or vii) inline arrange-
ment. Those examples are just a few to mention the possible alternatives of future
work because each type of heat exchanger has different usages.

Also to take one step beyond, the study of different inlet conditions should be in-
cluded. In reality inlet conditions may have some turbulence intensity and normally
the inlet profiles are non uniform because of the positioning of the device and the lo-
cation of the fan. On this regard, another kind of heat exchangers such as refrigerator
condensers can be placed vertically. Such condition could lead to the introduction of
natural or mixed convection that would require some modifications to the numerical
code.
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