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Abstract
A Statistical Energy Analysis (SEA) model of a 510 liter capacity refrigerator is used to calculate the Sound Pressure Level (SPL) generated in a
reverberation room. This is a reliable indicator of the vibroacoustic performance of the refrigerator and it is in some countries as a pre-commercialization
test. The main contributions of the SEA model are, the characterization of the
refrigerator structure (three-layer: HIPS, polyurethane foam and steel), and
the modeling of important components such as internal chambers or ventilation gratings. The simulation results are successfully compared with laboratory
measurements. The SEA model is then used to understand the vibroacoustic
behavior of the refrigerator and to establish the most critical transmission paths
and radiation mechanisms.
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Introduction

The amount of noise generated by home appliances in a kitchen is a factor increasingly
taken into account by customers. A disturbing sound may be associated with low
quality, while a pleasant sound can be related to a premium quality of a product,
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resulting in customer satisfaction. Noise generation does not only determine the
selling success of a product, but it can even prevent the device from being sold if it
does not satisfy the noise regulation standards. The standards for maximum allowed
noise emissions for household refrigerators are becoming more strict over time. They
tend to limit the overall Sound Pressure Level (SPL) emitted by the device in a
frequency range from 100 to 10000 Hz. As an example, the European Union (EU) has
included the mandatory declaration of the sound power level of household appliances
[31, 17], where a maximum of 40 dB is set to obtain the current EU Ecolabel for cold
appliances under the standard EN 60704:2014 [2]. In other countries where there is
a lack of formal regulations for appliance noise levels, the market requirements are
dictated by the different competing manufacturers. For the US market, it is common
to do a baseline noise measurement of competing units and setting a goal to be below
average or ‘best in class’ product, allowing for marketing claims regarding the low
noise level.
Several researchers have performed studies to determine which home appliances
have the largest contribution to noise in a kitchen, where the refrigerator is identified
as the biggest noise contributor [20]. Also the SPL of various types of refrigerators
have been investigated and reported using an anechoic chamber and measured in some
apartments [34]. Moreover, the fridge is the only appliance that operates all day long.

1.1

Goals and contributions of the research

This paper presents a model of a refrigerator (with a capacity of 510 liters). The
generated noise level must be simulated in the frequency range between 100 and
10000 Hz. A model based on Statistical Energy Analysis (SEA) is proposed. The
inputs of the model are characterised experimentally: acoustic and mechanical power
of compressor, evaporator fan and condenser fan. The predicted noise is validated in
a reverberation room under the standard ISO-3741. Afterwards, the SEA model is
used to provide some design guidelines for quieter refrigerators that satisfy the noise
specifications proposed by international standards.
The goals that needed to be covered and the contributions provided by this research
can be summarised as follows:
1. Development of the SEA model. It must be able to account for the refrigerator
and the reverberation room where the regulation test is performed. In addition
of the noise emissions of the refrigerator, the model should be able to provide
information on the energy distribution and sound transmission path.
2. The measurement of the loss factor (sound absorption coefficient) for the multilayered elements. This was carried out using the impedance tube method.
3. Estimation of the Coupling Loss Factor (CLF) for the bending vibration transmission at structural junctions (L, T and X-shaped) of multi-layered material.
This is composed of three different materials (HIPS, polyurethane foam and
steel). Most of the models reported in the literature restrict the study of vibration transmission to junctions formed of homogeneous plates at each of their
parts.
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4. Validation of the SEA model with experimental data.
5. Determination of the influence of grommets (rubber vibration isolators) in the
overall vibroacoustic response of the refrigerator.
6. To learn some aspects related with material characterisation, dominant paths,
design aspects that have more influence on the overall noise emission. They can
be used as pre-design information for other refrigerator models or to have some
reference values for the material data.

1.2

Overview of modelling and design of home appliances

The refrigerator acoustic design is an iterative process. The knowledge obtained from
the model predictions can be used to improve the prototypes. But the models must
be fast enough to make this interaction with the industrial production possible. At
the same time, they must be able to account for the key aspects that determine the
acoustic response and to provide answers in the whole frequency range (100 - 10000
Hz). The Statistical Energy Analysis (SEA) is a very adequate technique since it
is valid for mid and high-frequency noise (large number of waves and high modal
density), which corresponds to our frequency range of interest. It is difficult to solve
the problem with FEM and CFD at this frequencies with reasonable computational
times.
SEA is a high-frequency technique described by Lyon [25, 22], which has been
used to model and simulate the behaviour of dynamic systems. It can also include experimental information from the laboratory measurements without major difficulties.
Modal density, loss factor and coupling loss factor are some the main experimental
SEA parameters needed to develop a model, which can be obtained using different
type of test. The modal density measurement for shells has been carried out by vibration testing and derived assuming that the modal density of the shell would be equal
to the sum of modal densities of the shell [10]. The power input method (PIM) [9],
has been employed for determining the loss factor of plates using the impact hammer
excitation and several accelerometers to record the response over the plate.
A typical application of this technique is the modelling of acoustical performance of
complex material plates, calculating the STL (Sound Transmission Loss) of sandwich
panels [39] using the equations based of the SEA combined with the equations of
motion of the sandwich panel, obtaining good agreement with the experimental data
for two type sandwich plates, on a range from 100 to 10000 Hz. Another application
is to find optimum damping factors for structural subsystems in order to control the
power flow of a system [24].
SEA has been applied in the aerospace industry [14, 28], predicting the structural vibration levels and the structure-borne noise radiated inside a cabin. In the
automotive industry [29], to predict noise radiated inside a vehicle in the frequency
range from 500 to 6300 Hz. On later design stages, SEA analysis is used to predict the
structural response and acoustic power radiated by a ship [8], calculating the coupling
loss factor between shell and heavy fluid added mass, obtaining a prediction in the
frequency range from 100 to 500 Hz. SEA has also been used in the railway industry
[13], modelling the interior field of a railway vehicle with five cavities connected by
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openings, forming a series of coupled air cavities and validating on a 1:5 scale model,
achieving good prediction in the octave bands from 500 to 4000 Hz.
An application of SEA to the household appliances industry is shown with a
methodology to identify the noise and vibration source on a frontloaded washer-dryer
machine [7], using a SEA model of a panel and a review of different materials for
effective noise mitigation. SEA has also been used in a refrigerator to predict the
SPL of the mechanical assembly of the evaporator fan. In [40], a good correlation
between SEA predictions and experimental data is obtained. However, to achieve
noise reduction on a full refrigerator using SEA, it is necessary to take in account all
sources and mechanical structures of the refrigerator. The information presented up
to here demonstrates that SEA is not the best modeling technique to apply in the low
frequency range, where FEM or BEM are better techniques, however, the regulations
[2] do not consider the low-frequency noise in the output parameters.
In the remainder of the document, the SEA model and methods considered to
simulate the refrigerator response are described in Sect. 2. The experimental measures
are used to obtain input data for the SEA model. The results of Sect. 3 include the
validation of the model and its application in order to understand the vibroacoustic
behaviour of the fridge and improve the vibroacoustic response.

2

Methods: Description of the SEA model

A description of only those modeling aspects which are specific for the refrigerator is
done here. For a full explanation of the SEA theory (hypotheses, steps of the process,
equations etc.) we refer to some books in the literature [25, 22]. First, a detailed
overview of the model is done in Sect. 2.1. For the parts of the fridge that can be
modeled as an idealised element (i.e. rectangular plates or cubic-shaped acoustic
cavities), standard state-of-the-art SEA formulas are considered and the description
is done just by providing basic references. However, for other more complex parts
that are more specific of this case study the detailed formulation is provided.
Other aspects such as some complex element which determines the acoustic response of the fridge are described in Sect. 2.3. The parameters are obtained from
specific laboratory experiments of the components.
The power inputs for the SEA model were derived from the experimental measurements of sound pressure and vibration of each source of the refrigerator (compressor,
condenser fan and evaporator fan), performed in a semi-anechoic chamber. The sound
power of the sources is characterized according to the regulation ISO-3745 [19]. The
measurement locations of the SPL are distributed at ten positions on a hemispherical
surface surrounding the source, placing a microphone (B&K Type 4189) on each of
the measurement positions. Experimental data was collected on a range from 100 to
10000 Hz with a time averaging of 32 seconds and processed with a data acquisition
system using independent channels for sound pressure and acceleration. The results
are used to compute the power input, assuming that the sound field in the source
and the receiving room are diffuse [18]. The inputs are associated to subsystems 24
and 25 described in Sect. 2.1, where the sources are located. The characterization of
the structural power generated by each source was carried out using the two stage
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reception plate method [15]. The first stage is the measurement of free velocities over
the source contact points based on the Standard method ISO 9611 [5]. The sources
were suspended with several elastic ropes placing several accelerometers (B&K Type
4525) on the contact points where the sources couple with other subsystems (4 for the
compressor and 2 for the evaporator and condenser fan). The second stage involves
the reception plate method (RPM) [36], and it is used to quantify the structure-borne
sound power of sources with any number of contact points, referred to in the Standard EN15657-1 [1]. Once the experimental free velocities and mobility data at the
link points of sources is obtained, the inputs for mechanical power can be computed
and associated for subsystems 17 and 19 described in Sect. 2.1, where the sources are
attached to the receptor subsystems by means of joints that represent the grommets
(resilient contact points) [32]. The formulas for the receiver point mobilities at the
side and the transfer mobilities of the connecting tie with grommets are provided in
[26]. The three different sources are characterized independently. The tests were carried out at a compressor rotation speed of 3600 rpm, the condenser fan at 2500 rpm
and the evaporator fan at 2650 rpm.

2.1

Subsystems definition

A first step is to identify the refrigerator parts that can be considered as a SEA
subsystems. This is not a straightforward task because it is a vibroacoustic system
that contains an important number of geometric details. The decision is at the same
time not unique and there is more than one way to define the subsystems.

Figure 1: Subsystem definition of the fridge structure: (a) Photo of the fridge, general view; (b) subsystem definition, structural parts; (c) subsystem definition, inner
cavities.
The subsystems definition considered in this analysis is shown in Fig. 1. The SEA
model has a total of 26 subsystems, including the reverberation room. It is based on
SEA subsystems of two different types: plates and acoustic cavities. For the plate type
5

subsystems, only the bending behaviour is considered. The results will corroborate
that this is a correct modelling decision because the structural path is not the most
critical one. In this case, there is no need to increase the complexity of the SEA model
in the description of the structural vibration (for example to use a different definition
of the subsystems or include other wave types). The SEA parameters required for the
model computation are the modal density, the bending wave speed, the bending wave
number, the bending wavelength, the damping loss factor, and the critical frequency.
For the acoustic cavities the parameters are the modal density, the volume and the
total area.
The cabinet body is divided into 18 structural subsystems. These are rectangular
plates with three different material layers: HIPS, polyurethane foam and steel. The
multilayer plates will be modelled as a single subsystem. The evaporator is labelled
with the subsystem number 19 in the Fig. 1(c) (which is the structure where the
evaporator fan is located), the rear base indicated with the subsystem number 17 in
the Fig. 1(b) (where the compressor and condenser fan are placed) and the access
cover are modeled as thin plates. A total of 21 structural subsystems are considered.
Two of these subsystems, the rear base and the evaporator structure are subjected to
mechanical excitation by means of a point force that generates an input power to the
SEA model.
The refrigerator has four interior cavities: fresh food cavity (subsystem number
22); bottom cavity (subsystem number 24) that contains two sources, the compressor
and condenser fans; two freezer cavities connected by an opening representing the
suction and discharge air zones with subsystem numbers 25 and 23 respectively (it
contains the evaporator fan as source). Each of these four cavities is considered as a
SEA subsystem. In the tests, the refrigerator is placed inside a reverberation room
which is also considered an acoustic cavity.
The plates indicated with subsystem numbers 5 and 6, are those elements that
separate the food cavity from the freezer cavity and evaporator cavity respectively.
The evaporator cavity and freezer cavity are separated through a common plate indicated with subsystem number 19. The plate number 15 separates the bottom cavity
from the evaporator cavity, while the plate number 16 separates the bottom cavity
from the freezer cavity.

2.2

Connections between subsystems

For the vibration transmission through the structural junctions, the formulas for bending wave transmission through L, T and X junctions provided in [12] are considered.
It implies the assumption that the three-layer plates behave as a single plate. The
homogenised elastic properties are computed as proposed in [25]. The total bending
rigidity at high frequencies can be obtained as the sum of the real parts of bending
rigidity of the top (B1r ) and bottom (B3r ) plates
Br ' B1r + B3r

(1)

The coupling between the acoustic cavities and the plates is done as described in
[12, 18] with the radiation efficiencies computed as
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is the critical frequency of the plate, U is the perimeter of the radiating area, c0 is the
speed of sound, S is the plate surface, lx and ly are the plate dimensions, ρS is the
surface density and µ = (fc /f )1/2 .
A fundamental part of the fridge model is how to represent the compressor cavity of
Fig. 2(a). On the one hand, it contains two important sources of sound and vibration:
the compressor and the condenser fan. They generate sound inside the cavity but
also introduce vibration to the fridge’s structure through the rear base (subsystem
number 17), at which both sources are physically linked. On the other hand, several
transmission paths from the compressor cavity to the reverberation room exist from
the compressor cavity: to the exterior through the ventilation grating that is shown
in Fig. 2(a-c); to the exterior through the existing slit between the base plate and
the fridge structure; to the exterior due to the vibration of the plate grating; and the
transmission of vibration to the fridge structure.
The sources in the compressor cavity are represented in Fig. 3. Both the compressor and the condenser fan are modeled by means of an acoustic point source and point
forces. The acoustic point source is exciting directly the acoustic cavity. The point
forces are exciting a single receiver subsystem, as it is modeled in [27, 35]. For this
case both vibration sources are linked to the rear base plate by means of springs. The
springs represent the legs sustaining the devices and the grommets used to attenuate
the vibration transmission. A sketch is provided in Fig. 3(b). The quantification of
the acoustic power of the sources, the vibration power introduced in the structure and
the attenuation caused by the grommets is done by means of experiments.
The transfer mobilities of the grommets is computed according to [26], where the
elasticity modulus is estimated from a semi-empirical relation using the shore type
(A) hardness [21]. The grommet hardness is characterized for two types of grommets
(the joint with the compressor and the joint with fans), twelve specimens of each type
of grommet are randomly chosen for testing using a durometer with a type A indentor.
Ten data points were measured per specimen and averaged between specimens. From
the test data, an average hardness of 35 shore A is obtained for the grommets in the
fan joints and 41 shore A for the grommets in the compressor joint.
A very important transmission path in the model is the direct sound transmission from the bottom cavity to the reverberation room. It is done through several
mechanisms illustrated in Fig. 2(b). First, through the rear plate (subsystem number
18). This transmission path is indicated as ‘Plate Grating’. Second, the direct sound
7

Figure 2: Detailed SEA sketch of the subsystems related with the compressor cavity:
(a) 3D render of the grating with translucent plates that allow to see the sources inside
as well as the lower opening; (b) Sketch of the subsystems connecting the compressor
cavity with the reverberation room through the grating; (c) photo of the grating.

Figure 3: Detailed SEA sketch of the subsystems related with the compressor cavity:
(a) Photo of the cavity with the compressor; (b) Sketch of the excitations in the
compressor cavity.
transmission through the base plate (subsystem number 17). This plate does not
cover the whole base of the bottom cavity. The CLF for these transmission paths is
8

computed by means of the forced and reverberant sound transmission losses described
in [12].
The third mechanism is, the sound transmission through the slit that exists between the base plate and the main fridge structure. This is indicated as ‘slit’. The
CLF is computed with the formula proposed in [30] and considering a unit acoustic
impedance Z = 1.
c0 Sc τ12
(4)
η12 =
8πf Vcav1
where τ12 is the sound transmission coefficient, Sc is the area of the linking surface
between cavities, Vcav1 is the volume of the bottom cavity.
Finally a fourth transmission mechanism exists. It is the sound transmission
through the gratings array, indicated with ‘Gratings array’. The CLF is computed
by considering the transmission loss provided by the Gomperts’ model of slit-shaped
apertures, is given by [16]
τ=

mkβ
2n2 sin kβ( βl + 2e) + 2k 2 β 2
2

(5)

where m is dependent in the nature of the incident sound field and n on the position of
the aperture, k is the wave number, β is the width of the slit, l is the depth of aperture
and e is the end correction factor for the slit-shaped aperture. The formulation for
a single slit is extended to the modelling of grating arrays, by assuming that the
contribution of each aperture is independent of the others (they behave as if they
were alone). The total sound transmission is computed as the combination of 94
rectangular openings which are 8 mm in width and 0.457 mm thick. This hypothesis
is sustained in the results presented in [33, 11].
In order to provide acoustical transmission between the refrigerator interior cavities, these are connected through the acoustic junctions [12]. The freezer cavity (zone
of air discharge by the evaporator fan) is linked to the evaporator cavity (zone of
air suction of the evaporator fan) and the food cavity by means of a single opening.
On the contrary, the evaporator cavity is linked to the food cavity by means of two
openings. These CLFs are computed using Eq. (4).

2.3

Characterisation of three-layer plates

The three-layer plate subsystems must be characterised from two points of view.
On the one hand their vibration response, assuming that they behave elastically. The
homogenised values of elasticity constants and a global value of damping are required.
On the other hand, the acoustic absorption that they provide as walls of the internal
cavities. Both aspects are discussed here.
The three-layer plates are considered as two rigid plates with damping layer core.
The formulation proposed in [25] is used.
If it is assumed that the damping in the internal core layer is much larger than in
the top and bottom plates, and that the stiffness in the plates is larger than in the
core layer, at high-frequency the damping coefficient can be computed as
9

η2 G2r h231
√
(6)
2πf h2 M 00 Br
where η2 is the damping loss factor of the core layer, G2r is the real part of the shear
modulus of the core layer, h2 is the width of the core layer, h31 is the distance between
the mid-planes of the top and bottom plates and M 00 is the mass per unit area of the
composite.
The sound absorption coefficient of the three-layer plates is measured by means
of an impedance tube (B&K Type 4206) with two microphones (B&K Type 4187)
[38]. The measurement is carried out in third-octave frequency bands in the range
from 160 Hz to 6.3 kHz. Two sample types with different diameter are considered:
for the low frequencies, the diameter is 100 mm and for high frequencies the sample
diameter is 29 mm. Both samples have a thickness of 69 mm as shown in Fig. 4. The
experiment was set up according to ASTM E1050 [37].
η HF '

Figure 4: Testing the absorption of the refrigerator shells: (a) Photo of the refrigerator
with a hole corresponding to the tested material; (b) material used in the laboratory.
The results are shown in Fig. 5. This data is used to estimate the loss factor of
multilayered subsystems [12]. The averaged absorption coefficients αave is used to
compute the loss factor of the acoustic cavities as
P
13.7 Sαave
c0 A
=
(7)
ηi =
8πf V
fV
where c0 is the speed
P of sound, V is of volume of the cavity, A is the total absorption
in the cavity and
Sαave is the sum of the product of the surface areas and their
respective absorption coefficients.

2.4

SEA model parameters

In order to develop the model, several SEA parameters are needed. For each structural subsystem, the bending rigidity modulus, damping coefficient and modal density
were obtained by means of the equations previously described. The properties of the
materials and the dimensions of subsystems given in Table 1.
In Table 1 it is also shown the total bending rigidity modulus for each subsystem.
For the three-layer plates, this parameter is obtained using Eq. (1). Using the mechanical and geometric properties shown in the Table 1 for the three-layer plates, the
10

Figure 5: Measured acoustic absorption coefficient for the three-layer material.
equivalent damping coefficient is computed by using Eq. (6). The equivalent damping coefficient calculations are obtained at frequency range from 100 to 10000 Hz in
third-octave bands before plotting the results in Fig. 6.

Figure 6: Results for damping loss factor of the three layer plates.
Fig. 6 shows the damping values for plates bending modes, the damping loss factor
is the same for the subsystem number 2, 3, 8, 9 , 10, 11, 12 and 13. This is because the
11

Table 1: Material properties of several subsystems used in the SEA model: At the
top for homogeneous plates; at the middle, the homogenized properties of the multilayered plates; at the bottom the properties of every layer.
Single plates

Subsystem number 17
Subsystem number 18
Subsystem number 19

Dimensions
Density Youngs modulus
m
kg/m3
N/m2
0.74 × 0.2 × 0.00154 8030
1.93 × 1011
0.74 × 0.28 × 4.57−4 8030
1.93 × 1011
0.6 × 0.37 × 0.0015 1037.5
2520 × 106

Loss factor
η
0.005
0.005
0.01

Bending rigidity
Nm
64.1
1.67
0.82

Multi-layered plates
Equivalent properties
Subsystem
Subsystem
Subsystem
Subsystem
Subsystem

number
number
number
number
number

Dimensions
Density Youngs modulus Total bending rigidity
m
kg/m3
N/m2
Nm
1
0.74 × 0.62 × 0.0579 116.44
1.14 × 105
2
2 and 3 0.99 × 0.62 × 0.0679 104.30
7.09 × 104
2
8 and 9
0.26 × 0.4 × 0.0679 104.30
7.09 × 104
2
10 and 11 0.26 × 0.2 × 0.0679 104.30
7.09 × 104
2
12 and 13 0.61 × 0.41 × 0.0679 104.30
7.09 × 104
2
Layers (Multi-layered plates)

Layer 1 (HIPS)
Layer 2 (Foam)
Layer 3 (Steel)

Density Youngs modulus
kg/m3
N/m2
1037.5
2520 × 106
34
6.7 × 106
8030
1.93 × 1011

Loss factor
η
0.01
0.064
0.005

plates have the same thickness. Also due to the difference in thickness the damping
of subsystem number 1 is lower than the other subsystems.
The properties of the acoustic SEA subsystems are summarised in Table 2. Uniform absorption all around the cavity surfaces is assumed.
Table 2: Properties of cavity subsystems used in the SEA model.
#
22
23
24
25
26

3
3.1

Subs.
descr.
food
freezer
bottom
evapor.
reverb.

Volume
m3
0.310
0.182
0.0326
0.0365
289.79

Total area
m2
2.818
1.927
0.674
0.711
263.5

125
0.01
0.01
0.01
0.01
0.06

Absorption (α) at the f (Hz)
250 500 1000 2000 4000
0.01 0.01 0.03 0.18 0.15
0.01 0.01 0.03 0.18 0.15
0.01 0.01 0.03 0.18 0.15
0.01 0.01 0.03 0.18 0.15
0.05 0.07 0.15 0.13 0.17

Results
Laboratory measurements: Refrigerator noise in the reverberant field

A test on a reverberation room was used to validate the SEA model. The measured
output is the noise generated by a full refrigerator in a diffuse field, this is done ac12

cording to the regulation ISO-3741 [4] by the comparison method using a reference
sound source (B&K type 4204). The refrigerator is placed following the IRAM-2404
standard [3], located at one meter from the chamber wall in the middle of the reverberation room as shown in Fig. 7. The tests were carried out in two configurations:
with the refrigerator working on full mode (with all the sources active at the same
time) and with only one source active (compressor, evaporator fan or condenser fan).
The SPL measurement is performed using a boom with an arm of 3.2 m in length
with microphone (B&K Type 4942-L) and processed with a data acquisition system
(B&K Type 3160-A-022) as shown in Fig. 7. It is also verified that the noise generated
by the refrigerator is larger than the background noise in the chamber. The noise
level with the diffuser and boom rotating but the refrigerator off is always 20 dB
- 24 dB smaller. The measurements were collected on a range from 100 to 10000
Hz and processed into one third-octave frequency bands with a time averaging of 32
seconds. The sound pressure levels at one meter with A-weighting is then computed
as described in ISO-3741 regulation.

Figure 7: Sketch of the measurement of acoustic pressure generated by the refrigerator
according to the IRAM-2404 standard [3]:(a) Top view of the reverberation room; (b)
Photo of the test: rotary microphone and setup for measurement the sound pressure
level generated by a refrigerator into reverberation room according to the ISO-3741
[4].
The measured SPL of the refrigerator working on full mode and working on a
single source is shown in Fig. 8. In all cases, the frequency bands that contribute
more to the global noise are those between: 250 Hz and 1250 Hz. In general, the SPL
decreases at high frequencies while it has peaks at low and mid frequencies.

3.2

Comparison of the SEA model with the measurements

The experiment described in Sect. 3.1 is compared with a SEA simulation of the
refrigerator. This is important in order to check if the parameters required for the
complete SEA model are properly determined: transmission loss factors, coupling
loss factors, internal loss factors (sound absorption coefficient and damping of the
three-layer plates) and power inputs by sources.
13

Figure 8: Frequency band spectrum of refrigerator measurements: Full refrigerator
(overall SPL of 44.9 dB(A)), compressor only (overall SPL of 43.2 dB(A), evaporator
fan only (overall SPL of 35.3 dB(A)) and condenser only (overall SPL of 38.0 dB(A)).
The SEA model is used to estimate the sound pressure level generated by a commercial refrigerator in a reverberant field. Fig. 9 shows the simulation estimation
and experimental measurements of the refrigerator working in full mode. There is a
good agreement between prediction and experimental data. The prediction presents
a maximum difference with respect to experimental data in the sound pressure level
curve of 2.23 dB(A). The larger differences are found between 630 Hz and 1250 Hz,
and at 10000 Hz. However, they are within acceptable limits, taking into account the
complexity of the modelled vibroacoustic system.
Fig. 10(a) shows the simulation estimation and experimental measurements of
the refrigerator working on the compressor only mode. There is a good agreement
from 250 to 10000 Hz with a minimum and maximum difference of 0.02 and 2 dB(A)
respectively. Results at low frequency bands from 125 to 200 Hz have a minimum and
maximum difference of 2.6 and 8.2 dB(A) respectively, affected by low mode count of
some subsystems.
The results for the refrigerator working on the condenser fan only mode are shown
on Fig. 10(b). There is also a good agreement from 250 to 4000 Hz with a minimum
and maximum difference of 0.02 and 1.8 dB(A) respectively. Results at low frequency
bands of 160 and 200 Hz display a minimum and maximum difference of 1.9 and
3.6 dB(A) respectively, also affected by low mode count of some subsystems. High
frequency bands of 5000 to 10000 Hz have a minimum and maximum difference of 1.82
and 4.41 dB(A) respectively, affected by the transmission paths from the compressor
cavity to the reverberation room through the ventilation grating.
Fig. 10(c) shows the comparison between predictions and measurements when the
14

Figure 9: Comparison between predicted SPL and measured data.

Figure 10: Source only comparison between predicted and measured SPL: (a) Compressor; (b) Condenser fan; (c) Evaporation fan.
refrigerator works only with the evaporator fan. The agreement is good from 160
to 315 Hz, 500 to 2000 Hz and 4000 to 10000 Hz, with a minimum and maximum
difference of 0.09 and 2 dB(A) respectively. Results at low and middle frequency
bands, from 100 to 125 Hz and 400 Hz, show a minimum and maximum difference
of 2.2 and 6.4 dB(A), affected by the low mode count of some subsystems. High
15

frequency bands of 2500 to 3150 Hz have a minimum and maximum difference of 3.3
and 5.9 dB(A) respectively, affected by the sound insulation provided by the multilayered plates that conform the freezer cavity.
3.2.1

Hypotheses verification of the SEA model

The validity of the SEA model in terms of hypotheses fulfillment has been corroborated
by means of the criteria defined in [23]. A set of parameters concerning the physical
properties of subsystems and the coupling between then need to be computed. If
their values satisfy the criteria, it can be ensured that the SEA model satisfy the SEA
hypotheses. This verification tend to be on the safe side.
The subsystems with smaller modal densities are the cavities 24 (bottom) and 25
(evaporator). They do not have a reasonable number of modes (at least N > 10)
in each third-octave band below 1000 Hz. The other two problematic subsystems in
terms of the modal densities are the cavities 22 (food) and 23 (freezer), but they fix
the lower valid frequency at 500 Hz (less restrictive). All the other subsystems have
enough modes above 250 Hz.
The diffuse field hypothesis (normalised attenuation factor m < 1, attenuation
factor of wave per length times the mean free path) is a less restrictive hypothesis for
the studied problem. It is satisfied for all the subsystems in the frequency range of
interest.
Some subsystems suffer from a poor modal equipartition at some low frequencies
(we consider that it must be M > 1). This is the case of the subsystem 17 (inferior
plate), for which the frequency should be higher than 1000 Hz in order to reach the
modal overlap M > 1. Also the cavities 24 and 25 require the frequency to be higher
than 500 Hz.
Almost all the couplings involved in the model are weak (ηij /ηii < 1). However,
there are four connections for which the coupling can be strong. The most critical
is the connection between the bottom cavity and the reverberation room, showing a
strong coupling due to the multiple transmission paths. The reverberation room is
also strongly coupled with the evaporator and the food cavity at frequencies below 500
Hz. Finally, the coupling of the reverberation room and the bottom plate (subsystem
17) can also be strong at the critical frequency of the plate.
To sum up, we can establish 1000 Hz as the frequency for which all the indicators
proposed in [23], except the weak coupling between the reverberation room and the
bottom cavity, are satisfied. The mentioned coupling is not weak in all the cases
analysed. However, it is quite commonly accepted that the existence of some strong
couplings does not invalidate a SEA model.
To sum up, we can establish 1000 Hz as the frequency for which all the indicators
proposed in [23] are satisfied. With exception of the weak coupling between the
reverberation room and the bottom cavity, that is never satisfied. It is however quite
commonly accepted that the existence of some strong couplings does not invalidate a
SEA model.
In the validation examples where the SEA predictions are compared with the
laboratory measurements, the agreement of the outputs is good even at low frequencies
around 100 or 200 Hz. This contradicts with the fact that the SEA hypotheses
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are not fully satisfied in this frequency range. A reason that can explain this good
agreement is that the power radiated to the reverberation room is highly dependent
on the connection between the bottom cavity and the reverberation room. So, if the
transmission mechanisms between these two subsystems are properly described, the
results can be good also at low frequencies, because this is a dominant path.

3.3
3.3.1

Simulating the fridge response by means of the SEA
model
Dominant transmission paths

The good agreement shown on the comparison between the experimental measurements and the results predicted by the SEA model means that this simulation tool is
good enough for: i) gaining knowledge on the vibroacoustic behavior of the refrigerator; ii) visualizing information which is difficult to measure in the experiments; iii)
making some modifications in the model to avoid the realization of new experiments
on modified prototypes of the refrigerator.
The first aspects to be studied are the main paths through which the acoustic
power is transmitted from the refrigerator to the chamber. The energy flow between
subsystems is a non straightforward measurable output in the experiments. However,
it provides very useful information in order to improve the vibroacoustic design. Only
the paths with major exchange of power flow are plotted in Fig. 11, while the less
meaningful paths are not plotted.

Figure 11: Estimation of main power flows of refrigerator to chamber.
Fig. 11 shows that the path with a maximum power flow at the frequency range
from 100 to 1600 Hz is the slit path, and for frequencies above 1600 Hz the path
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with maximum power flow is the gratings array. Other paths that also provide an
important amount of power flow are the ‘base plate’ and the ‘plate grating’. Finally, a
path called ‘radiation paths’ is plotted, which is the sum of all the power of the paths
going from the refrigerator outer casing to the reverberation room. This represents
the addition of the power radiated by the subsystems 1, 2, 3, 4, 7, 8, 9, 10, 11, 12, 13,
14, 20, 21, 22, 23, 25 to the reverberation room.
In this comparison between the paths that represent direct power transmission
from the compressor cavity to the reverberation room (through the different transmission mechanisms) with the power radiated due to the vibration of the refrigerator
outer casing (due to the numerous paths of power transmission through the structure), it can be concluded that most of the noise generated into the reverberation
room comes from the compressor cavity.
3.3.2

Global noise sensitivity to direct sound transmission paths (slit and
gratings array)

Based on the model predictions, the slit and gratings array are identified as the
most contributing sound transmission paths, so their sensitivity and effect on the
refrigerator global noise is quantified.
These transmission mechanisms depend on an adequate estimation of the transmission loss using several wave models. For the prediction shown above, the transmission loss for the gratings array is based on the model provided by Gomperts [16]
for holes, while the slit is considered with a unit acoustic impedance Z = 1. To
check the global noise sensitivity by the estimation of this parameter, three different
simulations were carried out. First, only using the Gomperts model of the slit-shaped
apertures for the two transmission mechanisms. Second, using the Gomperts model
of slit-shaped apertures for the slit transmission mechanism and Gomperts model of
circular-shaped apertures for the gratings array transmission mechanism. Finally, a
unit acoustic impedance Z = 1 was considered for the two transmission mechanisms.
Fig. 12 shows the results obtained with the three different models and the experimental measurements. There is a good agreement between the three different
predictions and experimental data. The three simulations present the same behavior
on the frequency range from 100 to 1600 Hz. The prediction using only Gomperts
model by slit-shaped apertures presents an overall noise difference with respect to
experimental data of 0.43 dB(A); the prediction using Gomperts model by slit and
circular-shaped apertures presents an overall difference of 0.69 dB(A); and the prediction using only acoustic impedance Z = 1 presents an overall difference of 0.51
dB(A).
The difference in terms of global noise between the modeling an acoustic impedance
Z = 1 and the models that use a more detailed description of the slit and gratings
array are not very large, 0.5 dB(A) on overall noise. This could mean that the influence of the perforated plate (with grating array) is not very important. To validate
this hypothesis, SPL measurements using the setup described in Sect. 3.1 and sound
intensity measurements using the setup described in the standard ISO-9614 [6] in a
semi-anechoic chamber for the two situations, with and without plate, were performed
and compared. The intensity measurements are done by means of a 98 nodes mesh
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Figure 12: Comparison between SPL prediction only model Gomperts for slit, model
Gomperts for slit and hole, impedance Z = 1 and experimental results.
with the refrigerator working on full mode. A sound intensity probe (B&K type 3595
with a pair of microphones B&K type 4197) which is placed 15 cm away from each
side of the refrigerator is used.

Figure 13: Sound intensity contour map of the lower back part of the refrigerator at
800 Hz; (a) with plate ; (b) without plate (noise can pass directly from the compressor
cavity to the reverberation room).
Fig. 13 shows the sound intensity map at 800 Hz. At this frequency there is a
peak contribution of the refrigerator to the global noise in the reverberation room.
The figure compares two cases: with plate (Fig. 13(a)) and without plate (Fig. 13(b)).
The pattern in the intensity contour map is very similar in both cases. This validates
the hypothesis on the small influence of the plate on the global acoustic behaviour.
19

Another global noise sensitivity factor investigated was the removal of the transmission mechanisms on the SEA model. Three different iterations were considered:
first, removing only the gratings array transmission mechanism; second, removing only
the slit transmission mechanism; third, removing both transmission mechanisms.

Figure 14: Comparison between SPL prediction without grating, without slit, without
grating and slit and experimental results.
The results are shown in Fig. 14. When removing only one of the two transmission
mechanisms (curves ‘Without gratings array’ and ‘Without slit’) the variation is small.
However, when removing both transmission mechanisms at the same time (curve
‘Without slit and gratings array’) the modification is important in the frequency
range between 1600 and 10000 Hz (overall noise reduction of 2.2 dB(A)). This shows
the influence of these transmission mechanisms at high frequencies. At least one of
them must be considered in order to properly reproduce the reference curve.
Fig. 15 shows which are the most contributing paths (in terms of power flow
through the reverberation room) in the virtual scenarios where the most critical transmission paths are blocked. This provides information on the expected behaviour in
the case of implementation of design improvements. The information is helpful in
order to take decisions and focus the efforts in the most critical parts of the device.
The new values of the power flow for the remaining paths does not show a very
large variation. It could indicate that the suppression of the slit and gratings array
path would lead to global improvements. The most important differences are that the
vibration paths (‘plate gratings’ and ‘base plate’) become more relevant and contribute
more to the global noise genrated by the refrigerator, especially at frequencies above
2000 Hz. A possible explanation is that in the new energy distribution, more vibration
energy is concentrated on the elements that surround the compressor cavity.
20

Figure 15: Power flow of the most contributing paths to the SPL of the reverberation
room in the scenarios where it is virtually blocked: (a) the transmission through the
bottom slit; (b) the transmission through the gratings array; (c) both transmissions
in (a) and (b) at the same time.
3.3.3

Global noise sensitivity to grommets

The vibration and radiation of the base plate is identified as one of the important
contributions of noise in the reverberation room. There are two sources, compressor
and fan, directly attached to this base plate. This cause a direct injection of mechanical power to the plate as explained in Sect. 2.1. Grommets are used in order to
attenuate the direct transmission of vibrations from the sources to the plate through
the supporting structure. Here, their influence is quantified by means of the SEA
model.
The results are shown in Fig. 16. The influence of the grommets on the global
response is very limited. The maximum increase on SPL when grommets are not used
is 1 dB(A). This is mainly seen in the frequency range from 630 to 1600 Hz.

4

Conclusions

A SEA model of a fridge has been presented and validated. The model is complex
due to the large number of subsystems involved and also the different nature of them:
plates of different type (homogeneous, layered) and acoustic cavities (inside the fridge
and the reverberation chamber where the test is done). Several transmission and radiation mechanisms must be also considered: forced and resonant transmission through
the different plate types, transmission through holes, apertures and gratings array, and
structural connections (junctions and point / strings). Some elements of the fridge
represent a challenge from a modelling point of view due to their complex design.
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Figure 16: SPL prediction for two different models: with and without grommets.
Comparison with experimental results (with grommets).
The acoustic and vibration sources are a good example: compressor and fans. These
parts of the model for which simple formulations do not exist, have been characterised
by means of experimental data (laboratory experiments of this parts isolated). It is
shown how the combination of measured inputs and classical formulas has lead to a
good final result.
The main conclusions that can be obtained from the research are as follows:
1. There is a good correlation between the simulation results and the measured
data. This is shown, for example in Fig. 9 for the refrigerator in the usual
working conditions, and in Fig. 10 for the refrigerator working only with some
of the vibroacoustic sources active. The agreement is also good at quite low
frequencies where SEA hypotheses tend to be not fully satisfied.
2. In the current configuration of the refrigerator, the most critical paths in terms
of noise generated in the room are those related with the compressor cavity, and
more precisely the sound transmission through an slit in the base of that cavity.
This is the dominant path at almost all the frequencies. The main transmission
paths help to identify the most significant parameters and dimensions on the
design affecting the vibroacoustic performance of the refrigerator.
3. The order of magnitude of any of the critical paths (all four transmission mechanisms starting at the compressor cavity) is comparable with all the other sound
generated by the vibration of the refrigerator structure (‘radiation paths’).
4. There are not very large differences between most of the refrigerator models.
It means that some of the knowledge gained in the presented analysis could be
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used to improve other designs. For example the relative importance of the paths
must not be very different between models and it means that a key aspect is the
proper design of the compressor cavity. The small influence of the plate that
contains an array of gratings in the overall response and acoustic intensity on
the back part of the refrigerator is also a generalisable aspect to most of the
models. The materials used (such as the three-layer plates) are quite common,
which means that some of the provided values of stiffness and damping represent
a good reference to have a magnitude order.
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