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Abstract: Runner and distributor blockages in hydraulic turbines occur due to the ingestion of
external bodies such as rocks or logs. These obstructions can change the amplitude and uniformity of
the pressure pulsations in the machine, creating large unbalanced forces that can lead to reduced
efficiency, increased vibration and mechanical damage. In this paper, the effects of obstructions
caused by ingested bodies in the runner and the distributor of a pump turbine on its internal pressure
pulsation were investigated by means of computational fluid dynamics. A numerical model of an
unobstructed pump turbine is presented and validated against experimental data. Several cases
of runner or distributor blockage were studied, and their RSI pressure pulsations were recorded
and analyzed at different locations. The results obtained allow us to characterize the effect of
these blockages on the machine’s RSI, which can be helpful for the correct diagnosis of these types
of damage.

Keywords: turbine failure; ingested bodies; runner blockage; rotor–stator interaction; vibration;
computational fluid dynamics

1. Introduction

Hydropower is one of the key players in the transition to a carbon-free global energy
scenario. With the ever-increasing share of electricity coming from renewable sources
of variable nature, such as wind and solar, hydropower plants are increasingly required
to operate in a flexible way. This means they must supply or take energy from the grid
according to fluctuating demands, and to do so, their availability and reliability must be
guaranteed [1].

The core element of a hydropower plant is the turbine, which converts the potential
energy of the water into electrical energy. Turbines are regarded as the main asset of power
plants, and the utility operators need to maximize their profitability. One of the situations
to be avoided at all costs is the impairment of the machine due to abnormal operation or
damage of any of its components. To avoid large economic losses, it is thus essential to
rapidly detect the situations that can put the proper operation of the turbine or its structural
integrity in jeopardy.

Hydropower plants take advantage of the potential energy of water contained in a
high-altitude reservoir with respect to a lower one. By means of a hydraulic conduit or
penstock, the water is connected between both reservoirs and used to rotate a turbine
installed near the bottom. In Figure 1, the main components of a reaction hydraulic turbine
are represented.
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Damage mechanisms in hydraulic turbines have been reviewed in recent years [2]. 
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which may deteriorate both the runner and distributor, taking its toll on the remaining 
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Material fatigue is a common form of failure mode in hydraulic turbines [3]. The tur-
bine components, which are usually subjected to cyclic mechanical stresses below the nor-
mal yield strength, fail progressively by cracking [9]. In some cases, this deformation is 
caused by the dynamic/vibratory response of the runner to hydrodynamic forces and 
pressure pulsation during the machine operation [4]. The turbine assembly, formed by 
various interconnected components, can transfer mechanical vibration from one of the 
members to others, leading to deformation in all the components [5]. Turbine materials 
regularly subjected to vibration may result in material failure due to fatigue [3]. 

Cavitation occurs due to the formation of vapor bubbles and their subsequent burst 
resulting from changes in the fluid pressure in regions usually near the rotor blades or 
close to the exit of the turbine, where there are large differences between the static and 
dynamic components of the fluid pressure [2]. The repeated formation and collapse of 
these vapor bubbles deteriorates the surface of the machine components due to pitting 
action [9], and it has been reported that surface penetration due to cavitation damage can 
reach up to 10 mm per year on the surfaces of critical components such as impellors, tur-
bine blades and casings [10]. 

Erosion is the gradual removal of material from the surface of a component as a result 
of repeated deformation and cutting action [11]. The erosive wear of turbine components 
is the result of flows of a high velocity and impingement of abrasive sediments on the 
surface of the turbines [12], which leads to the formation of surface irregularities in the 
flow guiding surfaces, initiating cavitation-type effects on the turbine unit [9]. This wear 
is directly proportional to the sediment size and its mineral content [9,13]. 

It is not uncommon, though, for the machine to be impaired due to other causes such 
as the ingestion of external bodies. Turbines absorb large amounts of water, which may 
carry small particles as well as large pieces of wood, stones or dead animals. In case these 
pass through at the top of the penstock due to trash rack failure [14], they will collide with 
the turbine, causing direct damage. It is also possible that they remain stuck between the 
vanes of the distributor or the blades of the runner. If so, the distribution of hydraulic 
forces may be modified, leading to problems after some time of operation. Failures due to 
ingested bodies were studied in detail by Egusquiza et al. (2010) [15]. With the analysis of 
several historical cases, they concluded that runner blockage increases the hydraulic un-
balance, while distributor blockage leads to a significant increase in the blade passing 
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Damage mechanisms in hydraulic turbines have been reviewed in recent years [2]. In
reaction turbines (such as Francis turbines or pump turbines), damage is typically a result
of problems such as material fatigue [3–6], cavitation [7] or sediment erosion [8], which
may deteriorate both the runner and distributor, taking its toll on the remaining useful life
of the machine.

Material fatigue is a common form of failure mode in hydraulic turbines [3]. The
turbine components, which are usually subjected to cyclic mechanical stresses below the
normal yield strength, fail progressively by cracking [9]. In some cases, this deformation
is caused by the dynamic/vibratory response of the runner to hydrodynamic forces and
pressure pulsation during the machine operation [4]. The turbine assembly, formed by
various interconnected components, can transfer mechanical vibration from one of the
members to others, leading to deformation in all the components [5]. Turbine materials
regularly subjected to vibration may result in material failure due to fatigue [3].

Cavitation occurs due to the formation of vapor bubbles and their subsequent burst
resulting from changes in the fluid pressure in regions usually near the rotor blades or close
to the exit of the turbine, where there are large differences between the static and dynamic
components of the fluid pressure [2]. The repeated formation and collapse of these vapor
bubbles deteriorates the surface of the machine components due to pitting action [9], and
it has been reported that surface penetration due to cavitation damage can reach up to
10 mm per year on the surfaces of critical components such as impellors, turbine blades
and casings [10].

Erosion is the gradual removal of material from the surface of a component as a result
of repeated deformation and cutting action [11]. The erosive wear of turbine components
is the result of flows of a high velocity and impingement of abrasive sediments on the
surface of the turbines [12], which leads to the formation of surface irregularities in the
flow guiding surfaces, initiating cavitation-type effects on the turbine unit [9]. This wear is
directly proportional to the sediment size and its mineral content [9,13].

It is not uncommon, though, for the machine to be impaired due to other causes
such as the ingestion of external bodies. Turbines absorb large amounts of water, which
may carry small particles as well as large pieces of wood, stones or dead animals. In
case these pass through at the top of the penstock due to trash rack failure [14], they will
collide with the turbine, causing direct damage. It is also possible that they remain stuck
between the vanes of the distributor or the blades of the runner. If so, the distribution
of hydraulic forces may be modified, leading to problems after some time of operation.
Failures due to ingested bodies were studied in detail by Egusquiza et al. (2010) [15]. With
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the analysis of several historical cases, they concluded that runner blockage increases the
hydraulic unbalance, while distributor blockage leads to a significant increase in the blade
passing frequency. However, the effect of the size and position of the extraneous bodies
was not determined.

In this paper, the effects of obstruction in the runner and the distributor of a pump
turbine were investigated for different blockage sizes and positions. With a numerical
model validated with experimental data, the pressure pulsations were analyzed for the
following cases: three different blockage sizes in the runner (25, 50 and 75% of the rotor
channel cross-section area), three different blockage positions in the runner channel (at 0.4,
0.6 and 0.8 the diameter of the runner) and two different sizes of obstruction between the
guide vanes of the distributor (50% and 100% of the distributor channel cross-section area).

2. Methodology
2.1. Case Study

A geometrically similar scaled model of the pump turbine prototype studied in [15]
was created by means of computational fluid dynamics (CFD). Details of the pump turbine
prototype can be found in Section 3.1. The scaled model consisted of a runner with
diameter D = 510 mm and zb = 7 blades, and a distributor with zv = 16 guide and stay
vanes, rotating at N = 3435 rpm, maintaining the prototype’s dimensionless specific speed
Ns = 0.7048.

Rotor–stator interaction (RSI) characteristic frequencies for turbomachinery can be
obtained from Equations (1)–(3), n being an arbitrary, positive integer used to represent the
harmonics [16].

f f = N/60 (1)

fb = n· f f ·zb (2)

fv = n· f f ·zv (3)

The case study characteristic RSI frequencies are the runner rotation frequency f f = 57.25 Hz,
the rotor blade frequency fb = n· 400.75 Hz (observed in the inertial reference frame) and
the distributor vane frequency fv = n· 916 Hz (observed in the rotating reference frame).

2.2. Geometry and Mesh

Computational models for all studied cases were generated using a sliding mesh
technique [17]. The computational domain studied consisted of three control volumes
(distributor, runner and draft tube) linked by numerical interfaces (Figure 2).

Tetrahedral meshes were created for both the turbine model runner and distribu-
tor. Mesh independency was tested by means of steady-state simulations, determining
pressure drops through rotor and distributor control volumes for best efficiency point
(BEP) (0.953 m3/s flow rate, obtained through similarity analysis of the prototype’s BEP)
operating conditions. The tested mesh element sizes ranged from 3 to 10 mm. Mesh inde-
pendency was achieved at around 4900 kEl for the rotor, and 4300 kEl for the distributor,
corresponding to average element sizes of 6 mm and 5 mm, respectively. A boundary layer
mesh, with 60 < y+ < 300, was attached to both distributor vanes and rotor blades, and
an elbow-type draft tube with varying cross-sections with a 340 kEl hexahedral mesh was
included in the computational model. The addition of a draft tube improves the runner
pressure results in turbine CFD models by allowing pressure recovery downstream [18].

Obstructions caused by ingested bodies were modeled as a reduction in the free cross-
section area in the distributor and runner channels (Figure 3). Runner obstructions were
set to 25, 50 or 75% channel blockage, while distributor obstructions were set to 50 or 100%
channel blockage.
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and (B) rotor channel blockage.

2.3. Numerical Procedure

Unsteady-state numerical simulations for the machine’s best efficiency point were
carried out using Ansys® CFX v16.2 CFD software, which simultaneously solves continuity
and Navier–Stokes equations for a fluid in motion.

The boundary conditions imposed consisted of the rotor rotational speed (3435 rpm),
mass flow rate (953 kg/s) and flow direction (parallel to the guide vane chord) at the
distributor inlet and a reference pressure at the draft tube outlet. The time step selected
for the unsteady analysis corresponded to a 1◦ rotation of the runner [19]. An SST k–ω
turbulence model [20] was used to compute the turbulent flow quantities, for which a
turbulence intensity of 5% was used as a boundary condition at the stator inlet.

Ansys® CFX uses the finite volume method for spatial discretization. A high-resolution
advection scheme (which consists of a numerical advection scheme with a calculated blend-
ing factor) was selected for the stabilization of the convective term. Time discretization was



Energies 2021, 14, 6669 5 of 16

achieved by a 2nd-order backward Euler scheme. Tri-linear finite element-based functions
were used as an interpolation scheme. Ansys® CFX uses a coupled solver which solves the
Navier–Stokes equations (for velocity components and pressure) as a single system. First,
non-linear equations are linearized (coefficient iteration), and then these linear equations
are solved by an algebraic multigrid (AMG) solver. For convergence criteria, residual
types were set to the root mean square (RMS) value of the normalized residuals with a
target value of 1 × 10−3. Simulations were carried out on a 64-bit, Intel core i7 processor
(6 core|12 thread) @ 3.3 GHz and 32 GB RAM, with simulation times of about 60 to 110 h
(depending on the studied case) to reach quasi-steady flow conditions in all regions of
the model.

To characterize the effect of ingested bodies on the RSI of the modeled pump turbine,
pressure fluctuations in time were recorded for all studied cases. To capture the unsteady
pressure pulse, pressure monitoring points were added to the rotor (R1, R2, R3), distributor
(E1, E2, E3) and radial gap (IF3, IF4, IF5) of the machine (Figure 4). For obstructed flow cases,
pressure monitoring regions were added upstream and downstream of the obstruction
(Figure 3).
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2.4. Post-Processing and Data Analysis

For all studied cases, the recorded temporal pressure signals were processed using
a fast Fourier transform (FFT) algorithm [21,22]. These signals consisted of 0.5 s of flow
time, recorded once the computational model reached quasi-steady state (i.e., when the
oscillating pressure signal period and amplitude stabilized). This quasi-steady state was
reached after 20 to 30 runner revolutions, depending on the studied case. Sampling
frequency was set to 20,610 Hz for all cases, resulting in a 2 Hz frequency resolution for
the frequency spectra obtained. These spectra were analyzed in order to complement the
information extracted from the recorded pressure data.
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3. Results and Discussion
3.1. Validation of the Numerical Simulations

CFD as a modeling tool has been extensively validated in hydraulic turbine applica-
tions [23]. In order to validate the CFD simulations performed in this study, the numerical
results obtained for the pressure pulse in an unobstructed pump turbine CFD model were
compared against experimental data obtained on a pump turbine prototype geometrically
similar to the aforementioned computational model.

A schematic representation of the pump turbine prototype is shown in Figure 5. The
pump turbine prototype is designed for a net head of 376 m and a volumetric flow rate of
32 m3/s. The rotating speed of the pump turbine unit is 600 rpm, the runner has a diameter
of 2.87 m and its nominal power is about 100 MW.
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Figure 5. Schematic representation of the pump turbine prototype from the experimental study.

Experimental measurements on the pump turbine prototype were carried out by
members of this research group. For these experimental tests, four pressure transducers
were installed at different locations of the prototype’s head cover. These locations are
shown in Figure 6. Additional details on the experiments and the obtained results can be
found in [24].

Wika S-10 pressure transducers were used for the experimental measurements [25].
The transducers’ sensitivity is 0.2 mV/bar (±5%), and their frequency range is 0–1000 Hz
(±10%). The pressure signals registered by these transducers were conditioned using a
16-channel conditioner, Bruel & Kjær model 2694 [26], and recorded with a Sony PC216Ax
data recorder with 16 bits of resolution and a frequency range of 0–20,000 Hz (±10%) [27].
Figure 7 shows an example of the pressure fluctuation due to rotor–stator interaction
measured by the transducers, plotted vs. normalized time t∗ (using the time of one
revolution of the runner as a reference value).
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Figure 7. Pressure signal recorded at location P1 for BEP turbine prototype operation.

The dimensionless pressure signals obtained at the distributor for both the prototype
and the CFD pump turbine model, reported as the machine’s coefficient of pressure (Cp),
are shown in Figure 8. As it can be seen, the CFD model is able to reproduce the oscillating
nature of the pressure pulse in the machine distributor. The computational results capture
both the frequency and the amplitude of the pressure pulse with enough accuracy when
compared against the experimental data, validating our numerical model. The differences
observed between the experimental and the CFD dimensionless pressure signals can be
attributed to the geometric simplifications used in the CFD model, which did not include
the machine’s inlet volute or the breakwater.
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3.2. Pressure/Velocity Plots for Blockage Cases

Figure 9 shows an example of the pressure contours obtained for the rotor and dis-
tributor blockage cases. For all studied cases, a channel blockage creates a high-pressure
region in the machine’s distributor. In the case of a rotor blockage, this high-pressure
region travels through the distributor at a rotation speed equal to the runner speed, while
in the case of a distributor blockage, the high-pressure region remains confined to the
blocked channel.
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It could also be observed that for all blockage cases studied, low-pressure regions
formed downstream the blocked channel, reaching pressure values that could potentially
initiate cavitation near the downstream rotor blade’s leading edge, in the case of a rotor
blockage (Figure 9A). These low-pressure regions are a result of the acceleration experi-
enced by the flow deviated by the blockage as it is throttled by the downstream distributor
vane/rotor blade into the following channel (Figures 10 and 11).
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3.3. Obstructed Rotor Analysis
3.3.1. Effect of the Blockage Size

CFD models were created for three rotor blockage scenarios: 25, 50 and 75% of the
rotor channel cross-section area blocked at 0.5D. In order to characterize the effect of
the blockage size on the machine RSI, the results obtained were compared against those
obtained for an unobstructed pump turbine. Figures 12 and 13 show the pressure signals
obtained for different blockage sizes in a rotor channel, both for the inertial (distributor)
and the moving (rotor) reference frame, respectively.
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It can be observed in Figure 12 that once per rotation cycle, the rotor blockage amplifies
the pressure pulse in the inertial reference frame. The amplitude of this pressure pulse
increases with the blockage size. In the rotating reference frame (Figure 13), the most
noticeable fact is that pressure values in the rotor for all obstructed cases studied are higher
than those recorded for the unobstructed rotor case. It can also be noticed that a runner
blockage causes a damping on its pressure fluctuation.

Figures 14 and 15 show an example of the frequency spectra obtained from the pressure
signals registered in the inertial and rotating reference frames, respectively. In the inertial
reference frame (Figure 14), the pressure pulse characteristic frequency for the unobstructed
rotor case is 2· fb = 801.50 Hz, typical of pump turbines [28]. An obstructed rotor channel
excites the runner rotation frequency f f = 57.25 Hz and its harmonics. This is consistent
with the behavior reported by Egusquiza et al. (2010) [15]. The runner blockage produces
axial and radial hydraulic force imbalances that rotate at the runner frequency, causing
increased vibration levels in the machine. It can also be observed that the amplitude of
this vibration increases with the blockage size, due to larger force imbalances generated by
larger obstructions.
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In the rotating reference frame (Figure 15), the pressure pulse characteristic frequency
for the unobstructed rotor case is fv = 916 Hz. In this case, a rotor channel obstruction
does not excite any other characteristic frequencies. It can also be clearly observed that the
damping on the runner pressure signal observed in Figure 11 is relevant for large runner
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obstructions. Signal amplitude decreases are observed for 50 and 75% runner obstructions,
with the signal damping increasing with the blockage size, but the 25% obstruction case
presents amplitude levels similar to the unobstructed case.

3.3.2. Effect of Blockage Position

CFD models were created for three rotor blockage scenarios: 50% of the rotor channel
cross-section area blocked at 0.4D, 0.6D and 0.8D. To characterize the effect of the rotor
blockage position on the machine RSI, the results obtained were compared against those
obtained for an unobstructed pump turbine. Figures 16 and 17 show an example of the
frequency spectra obtained from the pressure signals registered in the inertial and rotating
reference frames, respectively.
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Figure 17. Frequency spectra in the rotating reference frame (monitor point R3) for different rotor
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It can be observed that for the inertial reference frame (Figure 16), the excitation
amplitude of the runner rotation frequency is larger when the blockage is located closer
to the turbine axis. In this region, flow velocities are high due to the reduction in the
cross-section area. A further reduction in the flow area due to an ingested body would
generate even larger velocities, thus creating a larger hydraulic force unbalance. Therefore,
a small object stuck closer to the runner blade trailing edge would cause a larger increase
in the machine’s vibration levels than a larger object stuck closer to its leading edge. In the
rotating reference frame (Figure 17), pressure signal damping similar to that observed in
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Figure 13 occurs, where larger hydraulic force unbalances lead to larger damping of the
pressure oscillation in the runner.

3.4. Obstructed Distributor Analysis

CFD models were created for two distributor blockage scenarios, in which 50% and
100% of the distributor channel cross-section area are blocked, located between two guide
vanes. To characterize the effect of the distributor blockage position on the machine RSI,
the results obtained were compared against those obtained for an unobstructed pump
turbine. Figures 18 and 19 show the pressure signals obtained for different blockage sizes
in a rotor channel, both for the inertial (distributor) and the moving (rotor) reference
frame, respectively.
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Figure 19. Pressure signal in the rotating reference frame for different distributor blockage sizes.

In the inertial reference frame (Figure 18), it can be noticed that a partial distributor
blockage has little effect on the pressure pulse. Pressure values in the distributor increase
with a total blockage in one of its channels. The blockage effects are also visible in the
frequency domain (Figure 20), where a slight reduction in the pressure pulse amplitude
can be observed for a total blockage of a distributor channel.
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Figure 20. Frequency spectra in the inertial reference frame (monitor point E1) for different distributor
blockage sizes.

In the rotating reference frame (Figure 19), a partial distributor blockage seems to
have limited effects on the pressure pulse recorded at different rotor diameters. In the
frequency domain (Figure 21), it can be noticed that this partial obstruction excites the
higher harmonics of the runner rotation frequency, agreeing with the observations of the
case study reported by Egusquiza et al. (2010) [15]. Larger obstruction sizes will tend to
excite lower harmonics of the runner rotation frequency, and this excitation will have larger
amplitudes. A distributor blockage creates a non-uniform flow and pressure distribution
at the runner–distributor interface, and this disruption of the circumferential uniformity of
the flow entering the runner will increase with the blockage size, affecting the runner’s
radial force equilibrium.
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4. Conclusions

The work presented shows the potential offered by modern CFD for studying tur-
bomachinery problems which otherwise would be difficult or expensive to investigate
experimentally. In this study, a numerical model was used to assess the effect of the size
and location of runner and distributor blockages on the RSI pressure pulse of a pump
turbine. The numerical model was validated against experimental data measured on an
unobstructed prototype, finding it suitable for the purposes of the study.

Runner obstructions generate unbalanced radial hydraulic forces that rotate at the
runner frequency, causing increased vibration levels in the machine. The perturbation
caused by a runner obstruction on the machine pressure signal can be clearly detected in
the inertial reference frame. The amplitude of the pressure fluctuations in the pump turbine
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distributor increases with the blockage size, due to larger force imbalances generated by
larger obstructions.

In the runner, the perturbation caused by the blockage manifested as a damping of the
pressure signal, but only on large blockages. Decreases in the pressure signal amplitude
were observed for 50 and 75% runner obstructions, with the signal damping increasing
with the blockage size, but the 25% obstruction case presented amplitude levels similar
to the unobstructed runner case. It was also observed that the excitation amplitude of the
runner rotation frequency was larger when the blockage was located closer to the turbine
axis. An ingested body in such a geometry-constricted zone of the machine creates larger
hydraulic force unbalances due to the flow acceleration around it.

Blockage in the distributor affects the pressure pulse in the runner. For partial block-
ages, this pressure disturbance excites higher-order harmonics of the runner rotation
frequency. Larger distributor blockages manifest through the excitation of lower-order har-
monics together with increased vibration amplitudes. This is mainly caused by the greater
force unbalance generated by the flow and pressure non-homogeneity the obstruction
creates at the rotor–stator interface.
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Nomenclature

CP Coefficient of pressure CP = ∆p/
(

ρ(ωD)2
)

D Runner diameter m
fb Runner blade passing frequency Hz
f f Runner rotation frequency Hz
fv Distributor vane passing frequency Hz
g Standard gravity 9.81 m/s2

H Pump turbine net head m
N Runner rotation speed rpm
Ns Dimensionless runner specific speed Ns = ωV1/2/(gH)3/4

p Pressure Pa
t∗ Dimensionless time t∗ = t/tcycle
t Time s
tcycle Time of 1 runner revolution s
V Volumetric flow rate m3/s
y+ Dimensionless wall distance
zb Number of runner blades -
zv Number of distributor vanes -
Greek letters
ρ Density kg/m3

ω Runner rotation speed rad/s
Acronyms
AMG Algebraic multigrid
BEP Best efficiency point
CFD Computational fluid dynamics
FFT Fast Fourier transform
RMS Root mean square
RSI Rotor–stator interaction
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